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ABSTRACT
Low temperature combustion (LTC) engines that employ high levels of dilution
have received increased research interest due to the demonstrated thermal efficiency
improvements compared to the conventional Spark-Ignited (SI) engines. However,
control of combustion phasing and heat release rate still remains a challenge, which
limits the operating range as well as the transient operation of LTC engines. The
work presented in this dissertation uses experimental and computational methods to
investigate Spark Assisted Compression Ignition (SACI) combustion under boosted,
stoichiometric conditions with high levels of exhaust gas recirculation in a negative
valve overlap engine. Highly controlled experimental studies were performed to un-
derstand the impact of intake boosting and fuel-to-charge equivalence ratio (φ′) on
SACI burn rates, while maintaining constant combustion phasing near the optimal
timing for work extraction. Previously unexplored conditions were targeted at intake
pressures ranging from 80 kPa to 150 kPa and φ′ ranging from 0.45 to 0.75, where
LTC engines promise high thermodynamic efficiencies.
The use of intake boosting for load expansion and dilution extension achieved
up to 10% gross thermal efficiency improvement, respectively, mainly due to reduced
relative heat transfer losses and better mixture thermodynamic properties. For a given
spark advance, higher pressure and/or higher φ′ mixtures necessitated lower unburned
gas temperatures (TU) to match autoignition timing. While the overall effect of intake
boost was minor on the initial flame burn rates, end-gas autoignition rates were found
to approximately scale with intake pressure. Higher φ′ mixtures exhibited faster initial
flame burn rates but also led to a significant increase in end-gas autoignition rates.
As a result, the high load limits shifted to lower φ′ at higher intake pressures, creating
a larger gap between the SI and SACI operating limits. Reducing the mass fraction
xxiii
unburned at the onset of autoignition by advancing the spark timing and lowering
TU was, to some extent, effective at alleviating the excessive peak pressure rise rates.
Under relatively high φ′ conditions, cyclic heat release analysis results showed that
the variability in autoignition timing is determined early in the cycle before any
measurable pressure-based heat release. Combustion phasing retard was shown to be
very effective at limiting the maximum pressure rise rates until the stability limit,
primarily due to slower end-gas autoignition rates.
CFD modeling results showed good trendwise agreement with the experimental
results, once autoignition timing and mass fraction burned at the onset of autoigni-
tion were matched. The pre-ignition reactivity stratification of the mixture at higher
intake pressures was shown to be narrower, due to both lower thermal and compo-
sitional stratification, which explained the increase in end-gas burn rates observed
experimentally. The boost pressure effect on SACI end-gas burn rates using intake
manifold heating was trendwise similar to the results employing residual gas heating,
albeit less pronounced. Pre-ignition thermal stratification was shown to be similar
irrespective of charge preheating method, even though thermal stratification of the
mixtures was very different early in the compression stroke. The effect of higher pres-
sure on mean reactivity was offset by the lower mean temperature that was needed
to match autoignition timing. Under the conditions investigated, the increase in the
end-gas autoignition rates with intake boost was primarily due to the narrower ther-
mal stratification, which was effected by reduced relative heat transfer losses late in
the compression stroke.
xxiv
CHAPTER I
Introduction
1.1 Spark Ignition Engines
The conventional spark ignition engine has long been the dominant engine found
in light-duty powertrains in the U.S. primarily due to its high specific power, low pro-
duction cost and cost effective after-treatment. In a conventional spark ignited engine,
a spark initiates a flame kernel that transitions into a turbulent flame and propagates
through a stoichiometric premixed charge until it extinguishes at the combustion
chamber walls. Load control is achieved using a throttle valve, which regulates the
air flow to the engine and ultimately the fuel flow, so that the mixture is maintained
near stoichiometric conditions. The stoichiometric mixture ensures robust flame initi-
ation and propagation and the main pollutant emissions (hydrocarbon (HC), carbon
monoxide (CO) and nitrogen oxide (NOx) emissions) are treated effectively by a three
way catalyst [1]. The need to improve fuel efficiency has led to many advances in au-
tomotive technology such as variable valve timing and lift, exhaust gas recirculation
(EGR) systems, more efficient turbo-machinery and direct fuel injection systems.
Recent efforts to improve the conventional SI engine efficiency has focused on
downsizing, which implies that the displacement of the engine is reduced but specific
power increases to maintain peak power rating. Higher specific power is achieved by
increasing the intake charge density through the use of a compressor. Downsizing has
demonstrated improvements in engine thermal efficiency by shifting the majority of
the operating conditions to higher loads [2–4]. Thermal efficiency gains are achieved
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primarily due to de-throttling, reduced relative friction and reduced relative heat loss
from higher load operation. However, efficiency gains due to high load operation in
downsized engines is frequently constrained by the increased propensity of the fuel
to autoignite under those conditions, which leads to retarded combustion phasing
and/or fuel enrichment and hence poor thermal efficiency. The peak efficiency of the
spark ignition engine remains below the theoretical maximum, while engine operation
is frequently away from the peak efficiency regions of the engine operating map.
Advanced combustion modes such as homogeneous charge compression ignition
(HCCI) [5], spark assisted compression ignition (SACI) [6] and reactivity controlled
compression ignition (RCCI) [7] have received increased research interest the past
decade or two. These are dilute, low temperature combustion modes that have
demonstrated high thermal efficiencies at low to medium load conditions where the
efficiency of the conventional spark ignited engine suffers mostly. Figure 1.1 displays
the estimated U.S. energy consumption in 2017 from Lawrence Livermore National
Laboratory and the Department of Energy using data from DOE/EIA1 monthly en-
ergy review. The total energy consumed is estimated at 97.7 quadrillion BTUs. The
transportation industry uses approximately 29% of the total energy consumed and
more than 90% of that energy comes from petroleum sources. On average 21% of
the energy consumed becomes useful work while the remaining is rejected as heat.
Improvement of the fuel conversion efficiency of the internal combustion engine can
thus achieve a great impact in reduction of petroleum use and greenhouse gas (GHG)
emissions.
While electrification is expected to capture approximately 40% of the powertrain
market share by 2050, projections suggest that more than 80% of new vehicle market
share will include an internal combustion engine ICE [8]. Improving the fuel consump-
tion of mainstream technology vehicles is therefore considered a significant near-term
opportunity for reducing fuel use and GHG emissions. Electrified powertrains also
allow for synergies between advanced combustion engines due to the potential for a
smaller engine operating map and reduced transient operation.
1DOE/EIA stands for Department of Energy/Energy Information Administration.
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Figure 1.1: Estimated U.S. Energy Consumption in 2017 from Lawrence Liver-
more National Laboratory and the Department of Energy using data from DOE/EIA
monthly energy review [9].
1.2 Homogeneous Charge Compression Ignition Combustion
Homogeneous charge compression ignition (HCCI) is a low temperature combus-
tion (LTC) mode, in which an ultra dilute premixed mixture is compressed until
it autoignites, resembling an idealized constant volume combustion event. Various
names have been used in the literature for describing this combustion concept, such as
ATAC (Active Thermo-Atmosphere Combustion) [10, 11] CIHC (Compression Igni-
tion Homogeneous Charge combustion) [12] and CAI (Controlled Auto-Ignition) [13].
HCCI was initially experimentally studied in 2-stroke engines [10,11] due to its ability
to achieve exceptionally low cycle-to-cycle variability under low load, lean conditions.
Burn rates are much faster than those seen in conventional spark ignition engines,
with 10 - 90% mass fraction burned durations (θ10−90) often less than 10 crank angle
degrees [14]. Multiple spectroscopic and imaging studies [10, 11, 15, 16] have shown
that multi-point ignition occurs in HCCI and it is widely accepted that the combus-
tion process is controlled by chemical kinetics with little effect of turbulence. The
autoignition process in HCCI combustion occurs at intermediate temperatures be-
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tween 850 - 1200 K and is dominated by the decomposition of H2O2 into OH [17].
Low temperature reactions, if any, advance the time at which H2O2 decomposition
occurs.
A notable chemiluminescence imaging study by Dec et al. [18] showed that HCCI
combustion was not really homogeneous but displayed a naturally occurring stratifi-
cation due to heat transfer during compression, combined with turbulent transport.
The autoignition process occurred in a staggered fashion at different sites in the
combustion chamber, as illustrated schematically in Figure 1.2. This behavior was
attributed to the thermal stratification throughout the bulk gas and boundary layer,
which causes the combustion to occur as a sequential autoignition from the hotter to
cooler regions, thus reducing the peak heat release rate.
Figure 1.2: Spark ignited combustion (left) and HCCI combustion (right)
HCCI has received increased research interest because of significant efficiency and
NOx emissions improvements observed under low loads compared to conventional SI
engines [19]. Benefits of HCCI combustion are realized due to several reasons. High
gross thermal efficiency is achieved due to higher compression ratio, high levels of
dilution and short burn durations compared to typical SI engines. High compression
ratio is desired in HCCI engines to promote autoignition of the mixture. High lev-
els of dilution lead to improved thermodynamic properties of the mixture (i.e. high
ratio of specific heats) partly because of favorable compositional changes and partly
because of lower expansion temperatures. Significant net efficiency improvements are
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observed in HCCI engines due to unthrottled operation, which means that pumping
work is reduced compared to SI engines, especially at low loads. In addition, low
combustion temperatures result in ultra-low nitrogen oxide (NOx) emissions. How-
ever, the maximum load limit of unthrottled HCCI engine operation is restricted to
low load (≈ 3 - 4 bar NMEP) due to the convergence of the ringing intensity and
stability limits [20]. High ringing intensity is characterized by excessive pressure rise
rates while unstable combustion features large variability in the work output due to
partially burning cycles and/or misfires. The allowable HCCI combustion phasing
range, bounded by the ringing and stability limits, is much smaller than that of con-
ventional SI combustion. As load increases, the combustion phasing range becomes
narrower primarily due to the need to retard combustion phasing to alleviate the
excessive pressure rise rates [20].
Sjo¨berg and Dec [21,22] investigated the low load limit observed in HCCI combus-
tion via experimental and modeling studies. It was shown that as fueling is reduced
to fuel-to-air equivalence ratios (φ) below 0.2, CO emissions increase substantially,
resulting in a significant drop in combustion efficiency from 94% to less than 55%.
It was concluded that peak combustion temperatures must be at least 1500 K for
the CO-to-CO2 reactions to go to completion before the combustion is quenched by
piston expansion.
HCCI combustion lacks direct control of combustion phasing as autoignition tim-
ing is dictated by chemical kinetics [18]. Autoignition phasing for HCCI is determined
primarily by the temperature near top dead center TDC [23]. To ensure proper igni-
tion, the mixture temperature has to be adjusted such that the ignition delay time at
TDC conditions is equivalent to approximately 10 crank angle degrees, independent
of engine speed [23]. Therefore, fine control of combustion timing necessitates fine
control of temperature at TDC. In a piston engine that means that the temperature
of the mixture has to be finely adjusted at the intake valve closing timing, so that by
the end of compression the mixture ignition delay times are short enough to ensure
complete combustion near optimal timing. Researchers have tried various strategies
to address the HCCI challenges using variable compression ratio [24], fuel stratifica-
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tion [25], boosting [26] and spark assistance [27]. This research study focuses on the
combination of the last two strategies, namely spark assistance and boosting.
1.3 Spark Assisted Compression Ignition Combustion
1.3.1 Combustion Process
Spark assisted compression ignition (SACI) or spark assisted homogeneous charge
compression ignition (SA-HCCI) combustion is a premixed, low temperature combus-
tion (LTC) mode that can offer efficiency improvements compared to conventional SI
combustion. In SACI combustion, a spark initiates a propagating flame in a premixed,
high temperature, dilute mixture. As the flame front propagates and releases chem-
ical energy, it introduces additional compression heating to the unburned portion of
the charge and drives it to the point of autoignition.
Experimental investigations using optical diagnostics have supported the view
that SACI combustion originates as a reaction front from the spark kernel, which
propagates outwards in the combustion chamber and is followed by autoignition of
the end-gas [28–32]. Average propagation rates for the reaction fronts were found to be
around 2 - 10 m/s at the last 20 CAD of the compression stroke depending on dilution
level and timing [29], while the autoignition event has been characterized by multiple
ignition sites at the outer rim of the combustion chamber and rapid combustion
rates [28,29,33]. A fraction of the fuel is initially consumed by the flame followed by
the autoignition of the remaining charge, which is typically the major source of heat
release. There is an orderly transition from deflagrative to autoignition heat release,
which is depicted as a change in the slope in the heat release rate graph, as seen
in Figure 1.3. Premixed laminar flame simulation studies have shown that laminar
flames can exist in mixtures with high exhaust gas recirculation (EGR) dilution levels
provided that unburned gas temperatures are elevated and burned gas temperatures
exceed 1450 K [82]. Therefore, high unburned temperatures are essential for flame
propagation in SACI combustion as well as for promoting autoignition of the end-gas.
The unburned gas temperature at top dead center has to be finely adjusted to ensure
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complete combustion near the optimal timing, similarly to HCCI operation.
Figure 1.3: Typical SACI heat release rate trace highlighting the inflection point at
the onset of autoignition [29].
Reuss et al. [32] divided the SACI combustion process into four distinct phases
using cycle-resolved combustion imaging, pressure based heat release and spark volt-
age/current measurements for lean, premixed, stratified mixtures. The four phases
of SACI included the spark discharge, the early kernel growth (EKG), the flame
propagation and the compression ignition phase, as shown in Figure 1.4. The spark
discharge phase was defined as the period starting from the breakdown voltage until
the time where the spark discharge current returns to zero. The EKG was defined as
the period between the end of spark discharge, where a small reaction kernel exists
but no heat release can be detected using the cylinder pressure, until the maximum
of d2Aflm/dCA
2, where Aflm is the flame area measured through optical observations
and CA is the crank angle timing. The flame propagation period was defined from
the end of the EKG period until the inflection point in the pressure-based heat release
curve, which was regarded as the onset of compression ignition. The reasoning behind
the selection of the onset of compression ignition was that autoignition heat release
rates occur over chemical reaction timescales and are faster than heat release rates of
turbulent flame propagation. This metric for the onset of end-gas autoignition agreed
with the work of Persson et al. [29] who used high speed chemiluminescence imaging
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in a SACI optical engine. The authors noted that the actual source of heat release in
the flame propagation phase may be a combination of both compression ignition and
turbulent flame propagation, however it was difficult to distinguish between the two
from measurements. The last period was defined as compression ignition, where the
end-gas autoignites due to compression heating from the advancing flame.
Figure 1.4: Definition of the four SACI combustion periods using the imaged flame
area growth (solid line with square data points) and heat release rate (solid line) for
ensemble-averaged cycles by Reuss et al. [32].
1.3.2 Multi-Mode Combustion Diagram
Lavoie et al. [34] presented SI, SACI and HCCI combustion regimes on a multi-
mode combustion diagram (MMCD) in terms of unburned (TU) and burned (TB) gas
temperatures near TDC. The burned gas temperature was calculated as the constant
pressure adiabatic temperature at each condition. Figure 1.5 shows the multi-mode
combustion diagram at a TDC pressure of 40 bar, which was considered representative
of unthrottled, mid-load SACI combustion for a compression ratio engine around 12.4.
The combustion regimes are delineated based on the limits for ignition, flame
propagation, knock and NOx. The NOx limits have been defined for air and residual
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Figure 1.5: Multi-mode combustion diagram showing SI, SACI and HCCI combus-
tion regimes in terms of TDC unburned temperature TU and burned gas temperature
TB for iso-octane in air. Combustion regimes are delineated based on limits for igni-
tion, knock, flame propagation, bulk quenching and NOx limit [34].
gas dilution with an emissions index of 1 g/kg fuel. The authors make use of the
fuel-to-charge equivalence ratio φ′ term, which is defined in Equation 1.1 below.
φ′ =
mf/(ma +mEGR)
(mf/ma)ST
=
φ(1− YEGR)
1 + YEGR · φ · (mf/ma)ST ≈φ (1− YEGR) (1.1)
where mf , ma and megr are mass of fuel, air and EGR respectively, φ is the equiv-
alence ratio, YEGR is the total exhaust gas recirculation mass fraction and subscript
ST denotes stoichiometric conditions. The approximation holds as the stoichiomet-
ric fuel to air ratio for representative gasoline fuels is very small (≈ 0.069), so the
denominator is very close to 1. Fuel-to-charge equivalence ratio, φ′, reflects the spe-
cific energy content of the charge and thus is directly related to load and burned
gas temperature, as seen from the oblique lines at constant φ′ on the diagram. Φ′
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can be used conveniently to describe engine conditions where the mixture has been
diluted by a combination of air, internal EGR and external EGR. The authors [34]
have tried to map points from available experimental data in the SI regime (circles),
HCCI regime (triangles) and SACI (dashed oval). While the exact boundaries of
the combustion regimes have not be validated extensively at different pressures, the
multi-mode combustion diagram provides good insight on the potential limits for each
combustion mode based on unburned and burned gas temperature at TDC. HCCI
combustion requires unburned TDC temperatures in proximity of 1050 K, so that
ignition delay times are short enough to ensure complete combustion near optimal
combustion phasing. It is suggested that SACI would require unburned TDC temper-
atures slightly lower than that of HCCI as part of the temperature increase required
for autoignition is achieved through compression heating from the propagating flame.
However, maximum dilution levels for SACI combustion are believed to be limited
to φ′ ≈ 0.3 - 0.4 due to the inability to sustain slow and weak flames in a turbu-
lent engine environment. The φ′ metric used in this work is equivalent to the charge
mass based equivalence ratio, φm, used by other researchers on highly dilute advanced
combustion studies [35–38].
1.3.3 Benefits and Key Challenges
The engine cycle efficiency can usually be improved with increased expansion ratio
and the use of a higher specific heat ratio (γ) gas mixture, however, the maximum
efficiency achievable for a given working fluid may vary significantly from the ideal
Otto cycle prediction due to the competing effects typically observed in an inter-
nal combustion engine [39–41]. A modeling study by Lavoie et al. [39] analytically
explored the fundamental thermodynamics of operation in highly dilute and high
pressure gasoline combustion regimes under realistic engine operation. A simple 1-
D thermodynamic model was used in order to identify the optimal thermodynamic
conditions independent of combustion constraints. Gross thermodynamic efficiency
simulation results were compared with relevant experimental data and showed good
agreement. It was shown in that study that increasing dilution levels using air or
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(a) (b)
Figure 1.6: Effect of diluent (air or EGR) as a function of fuel-to-charge ratio, φ′
(left). Diluent effect on unburned and burned gas specific heat ratios γU and γB,
Burned gas temperature TB as a function of φ
′ (right) [39].
EGR offers higher gross fuel conversion efficiency due to higher ratio of specific heats
of the mixture, as seen in Figure 1.6.
The higher ratio of specific heats of the mixture comes partly from favorable
compositional changes and partly from lower temperature due to dilution. Charge
dilution with air was shown to be slightly more beneficial than dilution with EGR due
to the higher ratio of specific heats of diatomic molecules found in air compared to
triatomic molecules found in EGR. Combustion phasing, defined as the crank angle
at 50% burn (θ50), was found to be optimal between 5 - 10
◦ aTDC as a result of the
tradeoff between high heat transfer losses for early combustion and lower expansion
work for late combustion. Deviations of more than 5 crank angle degrees (CAD)
from optimal combustion phasing had detrimental effect on gross indicated efficiency
for the reasons aforementioned. Burn duration, defined as the combustion duration
from 10 - 90% fuel mass fraction burned (θ10−90), was found to have minimal effect
on efficiency up to 20 CAD.
SACI combustion has been shown to be effective at fuel-to-charge equivalence
ratios between 0.4 and 0.7 [42] and therefore takes advantage of the thermal effi-
ciency benefits due to dilution explained above. In addition, θ10−90 is shorter than
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20 CAD and generally shorter than those seen in conventional spark ignition com-
bustion, which can offer additional gross thermal efficiency improvements. During
naturally aspirated SACI operation the engine is usually run unthrottled and load
control is achieved by regulating the level of dilution. Unthrottled operation means
that pumping work is reduced compared to SI combustion especially at lower loads
and hence thermal efficiency is improved further. An additional benefit of SACI com-
bustion compared to a low temperature combustion mode such as HCCI is that spark
timing can be used as a means to control combustion phasing.
SACI combustion is also attractive because it can be used at mixture dilution levels
where neither HCCI combustion nor SI combustion is typically effective. For dilute SI
combustion at fuel-to-charge equivalence ratios below 0.65, flames are found to be too
slow and weak to ensure complete combustion in a turbulent engine environment [43].
On the other hand, HCCI combustion at fuel-to-charge equivalence ratios higher than
0.4 is typically avoided because it results in excessive pressure rise rates [42]. As a
result, SACI combustion can bridge the gap between the dilution level of HCCI and
SI combustion which is desirable for engine efficiency and for potential multimode
combustion engine operation. This potential is highlighted in Figure 1.7, which shows
optimal brake thermal efficiencies for naturally aspirated engines. It can be seen that
optimal brake thermal efficiencies can be achieved by employing air or EGR dilution
across the load range. The authors [39] have identified a load region as advanced
combustion where neither SI combustion nor HCCI combustion are currently effective.
This load region corresponds to fuel-to charge equivalence ratios, φ′ between 0.4 and
0.65. Experimental and simulation studies have shown that such dilutions levels are
appropriate for SACI combustion and therefore are of great research interest.
Nevertheless, SACI combustion is challenging to control because stable combus-
tion without excessive pressure rise rates relies on fine control of combustion phasing
and heat release rate. Precise control of unburned gas temperature is needed to ensure
combustion is initiated close to TDC. If the unburned temperature near TDC is too
low then autoignition of the end-gas may be unsuccessful due to very long ignition de-
lays. On the other hand, very high unburned temperatures will advance combustion
12
Figure 1.7: Potential for brake efficiency gains for naturally aspirated engines de-
pending on combustion regime: HCCI, advanced combustion and SI [39].
phasing and may lead to excessive pressure rise rates. Furthermore, flame initiation
and propagation is strongly influenced by the unburned temperatures and dilution
levels at spark timing, which means that any changes in those parameters will also
affect the compression heating effect from the flame to the end-gas and ultimately
the autoignition timing.
1.3.4 Charge Preparation for SACI Combustion in a Piston Engine
SACI combustion typically requires a dilute, high temperature charge near TDC.
For direct injection engines, a premixed charge is usually achieved by injecting early
in the intake stroke to provide enough time for fuel, air and EGR to mix. SACI
combustion at lower dilution levels results in elevated burned gas temperatures, which
can lead to high NOx formation when the engine is operated lean. For that reason
researchers have usually ran SACI at stoichiometric conditions by diluting the mixture
with recirculated exhaust gas [6, 42, 44].
Exhaust gas recompression through negative valve overlap (NVO) has been most
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commonly used for the charge preheating needed to achieve SACI in a moderately
high compression ratio (≈ 11:1). In an NVO strategy the exhaust valve closes well
before gas exchange TDC, therefore trapping large amounts of residual gas. The
residual is recompressed and then re-expanded during the initial portion of the intake
stroke before the intake valve opens for the induction of fresh charge. An example
pressure trace and valve lift profile around gas exchange TDC is shown in Figure 1.8.
Figure 1.8: Typical cylinder pressure trace and valve profiles for a negative valve
overlap SACI engine.
Exhaust gas rebreathing using positive valve overlap (PVO) is another strategy
that has been recently employed by several researchers to achieve SACI combus-
tion [45, 46]. High unburned gas temperatures at TDC are attained by rebreathing
exhaust gas either through the intake port using an early intake valve opening strat-
egy, or through the exhaust port using a late exhaust valve opening, or using a
combination of the two strategies. For a naturally aspirated engine, the intake valve
is typically opened before TDC during the exhaust stroke and exhaust gases are dis-
placed into the intake manifold. These residual gases are subsequently re-inducted
into the cylinder during the intake stroke. Exhaust gases from the exhaust manifold
can also be re-inducted into the cylinder through late exhaust valve closing during
14
the intake stroke. Modern spark-ignited engines employing variable valve timing can
enable unconventional valve strategies such as the ones described earlier, which are
preferred over air preheating due to the improved transient control of the temperature.
1-D engine modeling studies [47,48] suggested that the use of a PVO valving strategy
would be more beneficial in terms of net thermal efficiency compared to NVO, due in
part to lower pumping losses. While PVO was capable of trapping adequate residual
content at low-medium loads, intake manifold temperatures up to 160◦C were needed
to ensure end-gas autoignition near optimal timing using a 11.25:1 compression ratio
engine.
End of compression temperatures near 1050 K needed for end-gas autoignition
can be also achieved using a very high compression ratio (≈16 or higher) without the
need for charge preheating [38]. Intake boosting can also contribute to reduced charge
preheating levels but the effect of pressure on charge reactivity is typically much
less pronounced compared to that of temperature under high temperature chemistry
conditions [49]. The benefit of a very high compression ratio engine is that IVC
temperature is lower, which enables higher volumetric efficiency and maximum load
attainable at a given intake pressure. However, when the mixture becomes very
reactive at high loads (i.e. high φ′, high PINT ), reducing the reactivity of the charge
to maintain optimal combustion phasing may be challenging due to the inability to
cool the intake charge below ambient temperature. In that case, the use of EGR or
lower effective compression ratio through early/late IVC timing could be effective,
however, at the expense of volumetric efficiency.
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1.4 Benefits of Boosting
SACI combustion can benefit from boosting through thermodynamic efficiency
gains and mechanical efficiency gains. Boosting allows the dilution levels of the mix-
ture to be maintained as fueling rate is increased and therefore maintain the thermo-
dynamic benefits of dilute operation. In addition, boosting can increase the engine’s
specific power, which is commonly described by the brake mean effective pressure
(BMEP). Increasing the load of an engine by increasing the mean effective pressure
can also have a positive effect on both the thermal efficiency and mechanical effi-
ciency. Everything else being equal, gross thermal efficiency gains can be achieved at
higher boost and load because the relative importance of heat transfer decreases as
the mean effective pressure is increased. A widely used expression for the spatially
averaged heat-transfer coefficient was proposed by Woschni [50], which is based on
the similarity theory for steady-state convective heat transfer. Woschni found good
agreement between experimental measurements and a dimensionless equation which
relates the Nusselt number to Reynolds number in the following form:
Nu = 0.035 Re0.8 (1.2)
If density, viscosity and conductivity are expressed as functions of pressure and tem-
perature, as discussed by Woschni [50], the global heat transfer coefficient, hc, takes
the form shown in Equation 1.3 below.
hc = 3.26 B
−0.2 P 0.8 T−0.55 w0.8 (1.3)
where B [m] is the cylinder bore, P [kPa] is cylinder pressure, T [K] is temperature
and w [m/s] is average cylinder gas velocity. It can be seen from the Woschni heat
transfer coefficient correlation that speed and load have the greatest effect on heat loss
through terms P and w, and also that heat transfer increases linearly with pressure
at an exponent of 0.8. Therefore, an increase in load and mean effective pressure at
a given engine speed is expected to result in a reduced relative increase in heat loss,
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as shown in Figure 1.9.
Figure 1.9: Thermodynamic simulation results showing efficiency trends with air
dilution and intake boost. At each intake boost an optimum efficiency value occurs
due to the competition between dilution benefits, frictional benefits and heat transfer
benefits. [39].
Figure 1.10 shows key efficiency losses as a function of equivalence ratio for a
naturally aspirated engine running at 2400 RPM with intake and exhaust pressures
being equal. As load is decreased by decreasing the equivalence ratio, the efficiency
penalty due to friction becomes relatively more important and outweighs the efficiency
benefits from dilute or lean combustion on an indicated basis.
This can be explained by the fact that friction in internal combustion engines has
been observed to scale primarily with mean piston speed and secondarily with peak
pressure, as shown in the modified Chen-Flynn [51,52] friction correlation in Equation
1.4 below.
FMEP = 0.4 + 0.005 Pmax + 0.09 UP (1.4)
where FMEP is the friction mean effective pressure, Pmax is cylinder maximum
pressure and UP is the mean piston speed. It can be seen from the Chen-Flynn
correlation that as load is decreased at lower equivalence ratios friction does not
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Figure 1.10: Key efficiency losses as a function of equivalence ratio [39].
decrease proportionally and introduces a larger penalty on brake thermal efficiency.
Therefore, operating a downsized engine at higher load conditions using boosting can
be beneficial for brake thermal efficiency. It is worth noting that the efficiency penalty
due to pumping work shown in Figure 1.10 is minimal because it reflects the pumping
losses of a naturally aspirated engine where intake and exhaust pressures are equal and
load is controlled through equivalence ratio. However, the pumping work penalty on
efficiency is significant for a conventional throttled SI engine running stoichiometric
at lower loads, as shown earlier in Figure 1.7. Figure 1.7 compared brake efficiency
values as a function of load for throttled stoichiometric SI operation, early intake
valve closing stoichiometric operation and unthrottled diluted engine operation using
air or EGR. Air or EGR dilution cases demonstrate improvements over throttled SI
and EIVC partly due to lower pumping work.
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1.5 Previous Work on SACI
Weinrotter et al. [53] investigated experimentally SACI combustion in an optically
accessible engine using 80/20 iso-octane/n-heptane mixtures at λ values ranging be-
tween 2.8 and 3.2 using intake manifold heating with no external EGR and minimal
internal residual gas. No clear difference was observed on the pressure based heat
release curves between pure HCCI and spark assisted HCCI, however the optical
diagnostics showed that after ignition timing, a flame structure developed and prop-
agated similarly to conventional SI engines.
In the same year, Urushihara et al. [54] published SACI experimental studies using
a combination of a uniformly distributed lean mixture and a late injection to create a
stratified charge around the spark plug. Heat release analysis results showed a multi-
mode heat release rate curve, where characteristics of SI combustion seemed to trigger
HCCI combustion. The SACI combustion concept reduced the mixture temperature
needed at the onset of compression, thereby expanding the HCCI low load limit. The
maximum IMEP limit obtained with SACI was also improved compared to HCCI
combustion due to lower pressure rise rates observed.
Persson et al. [29] investigated the early flame development in SACI combustion
using high speed chemiluminescence imaging in an NVO engine. It was shown that
the use of spark timing can be used to phase combustion timing, even though the
majority of the heat release was observed during autoignition. Flame expansion
speeds between 2 - 10 m/s were observed for cases conditions with NVO ranging
between 40 and 200 CAD. However, the exact mixture composition was not reported.
Under the conditions investigated, an earlier spark advance was shown to advance
the autoignition timing to some extent and also to compensate for cases with slower
flame propagation.
Zigler et al. [55] experimentally investigated the impact of spark assist on lean
SACI combustion (φ = 0.38 - 0.62) using an optically-accessible research engine. It
was shown that the use of spark assist (10 - 90◦ bTDC) led to the formation of reaction
fronts at all conditions that propagated outward from the spark plug at average speeds
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between 1.9 and 4.3 m/s. It was concluded that the effects of spark assist were due to
the compression heating of the end-gas from the propagating reaction fronts, which
led to more consistent autoignition timing under the conditions investigated.
A number of researchers have investigated SACI combustion experimentally with
aim to extend the high load limit of HCCI combustion using spark assistance. Manof-
sky et al. [56] managed to extend the engine operating limit up to 7.5 bar NMEP using
naturally aspirated SACI. A combination of internal and external EGR rate was used
to achieve the required dilution level and unburned temperature of the mixture for
stable SACI combustion. It was shown that as load was increased, a larger fraction
of the charge was consumed by the propagating flame and less by autoignition, which
satisfied the ringing limit. Their findings showed that the initial slow heat release due
to the charge consumed by the flame, lengthened the total burn duration and led to
lower peak heat release rates during the autoignition phase of the combustion process.
These results agreed with findings from a similar study by Yun et al [46]. The high
load limit was reached at φ′ ≈ 0.7 because intense end-gas autoignition resembling
SI knocking combustion was observed, even though ringing intensity value was well
below the ringing limit of 5 MW/m2 that was used. The ensemble average of the
cylinder pressure data was used for performing the heat release analysis.
Szybist et al. [6] performed a similar stoichiometric SACI load expansion study
using a hydraulic valve actuation system, which was used to trap significant levels of
internal residual using NVO. End of compression temperatures and hence combustion
phasing was controlled using a combination of residual gas fraction and IVC timing to
alter the effective compression ratio. Characteristics of both spark-ignited combustion
and HCCI were observed from the pressure based heat release analysis, which showed
a distinctive spark ignited phase of combustion, followed by a much more rapid HCCI
combustion phase. At higher loads, a larger portion of the heat release took place
at the spark ignited portion of the cycle and an increase in NOx emission was also
observed compared to HCCI combustion. The increase in NOx emission at higher
load was attributed to the reduction in EGR dilution associated with higher loads
and its effect on the in-cylinder temperatures. The SACI operating strategy did not
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always provide an efficiency advantage compared to SI combustion; a decrease was
observed at the highest speed and at loads above 500 kPa NMEP.
A later study from the same group [44] investigated experimentally the effects of
fuel characteristics on stoichiometric SACI combustion for 50% volume blend of iso-
butanol and gasoline (IB50), and an 85% volume blend of ethanol and gasoline (E85)
on a single cylinder metal engine. It was shown that the high load limit reached at
unthrottled conditions was around 600 - 700 kPa. The cyclic heat release analysis RI
values were much higher than the ensemble average pressure trace numbers, hence
the actual load limits were found to be lower than their previous study with similar
fuel. It was shown that NOx, CO and HC emission were reduced with oxygenated
fuels.
Martz [57] formulated and implemented a detailed model capable of capturing
SI, SACI and HCCI combustion modes, which provided trendwise agreement with
cylinder pressure and imaging data from an optical engine. The simulated reaction
fronts were within the flamelet regime during the deflagration portion of SACI, even
though they were ultra dilute (φ = 0.45). Martz et al. [58] studied the propagation
of a laminar reaction front during end-gas autoignition using transient, one dimen-
sional premixed laminar reaction front simulations. While burning velocity increased
significantly in the transition from deflagrative to chemically dominated combustion,
it was shown that the reaction front contributed minimally to end-gas consumption
once end-gas temperatures exceeded 1100 K.
Yun et al. [46] experimentally investigated the effects of injection timing and split
injection on stoichiometric SACI combustion using an exhaust recompression strategy.
As injection timing was retarded further away from recompression TDC, a delay in
combustion phasing was observed, which was linked to the greater charge cooling
effect and the associated increase in external EGR rates for the later injection timings.
A tradeoff between ringing intensity and combustion stability was demonstrated when
a split injection strategy was used. The delay of the second injection timing closer to
combustion TDC led to lower ringing intensity at the expense of reduced net specific
fuel consumption due to higher CO emissions.
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A load extension study by the same group the following year [59] compared NVO
and PVO strategies for naturally aspirated, stoichiometric SACI in an engine with a
fully flexible valvetrain operating at 2000 RPM with NMEP ranging from approxi-
mately 6 to nearly 10 bar. The NVO strategy employed peak intake/exhaust valve
lifts of 5/6 mm and durations of 145/160 crank angle degrees, respectively. PVO du-
rations of approximately 60 to 100 crank angle degrees were used with peak valve lifts
of 10 mm and 240 CAD durations. The amount of internal exhaust gas recirculation
(iEGR) varied with load; PVO iEGR ranged from 5 to 10% while NVO iEGR varied
from 5 to 25%. External EGR (eEGR) was used in conjunction with the iEGR to
maintain stoichiometric equivalence ratios for all operating conditions. Because of the
lower intake valve closing temperatures (TIV C) associated with the reduced level of
iEGR for PVO, more deflagrative heat release occurred prior to end-gas auto-ignition,
which helped to limit ringing intensity. In turn, the combustion phasing (θ50) could
be set to a more optimal value. At high load, significantly lower pumping mean
effective pressures (PMEP) resulted with the PVO valve events. The combination
of lower PMEP and more optimal combustion phasing resulted in net indicated fuel
consumption improvements of 3 to 7% for the PVO cases. However, details on the
fuel injection strategy were not discussed in the study and EGR dilution levels at high
load were in the order of 15%, where dilute SI combustion should be also effective.
Olesky et al. [42] demonstrated experimentally the ability to independently con-
trol combustion phasing and heat release rate in SACI combustion. Based on their
findings, in order to control SACI combustion phasing and heat release rate, one has
to control both unburned temperature and spark timing. Unburned temperature was
controlled by varying the ratio of internal to external exhaust gas recirculation (EGR).
Combustion phasing could be held constant by lowering the unburned temperature
of the mixture at the intake valve closing (IVC) timing while advancing spark timing
and vice versa. As a result, the fraction of the charge consumed by flame propaga-
tion was increased from 18% to 34% and led to an increase in burn duration and
ultimately a significant decrease in peak heat release rates and ringing intensity. An
inverse correlation between fraction of flame based heat release and peak heat release
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rate was demonstrated, as seen in Figure 1.11. The autoignition temperatures were
consistent at around 1040 K despite the changes in spark timing and heat release
rates. It was concluded that for colder charges, earlier spark advance was needed to
increase the fraction of flame based heat release to provide additional compression
heating for promote autoignition of the end-gas. This was thought to occur because
of changes in laminar flame speeds at those conditions and their assumed effect on
overall turbulent burning velocity.
Figure 1.11: Effect of earlier spark timing and lower TU on SACI heat release rate
and mass fraction burned at constant θ50 [42].
A CFD based study with detailed chemistry by Middleton et al. [60] investigated
the effect of spark timing and TU on SACI heat release rate at constant autoignition
timing. It was shown that for cases where flame propagation consumes a smaller
fraction of the charge, the end-gas mass is greater and more reactive, namely more
of its mass is at higher temperature and higher equivalence ratio. It was concluded
that flame propagation in SACI can alter the end-gas thermodynamic state prior to
autoignition, meaning that the end-gas thermal and compositional distributions vary
with the fraction of the charge consumed by the flame. The decrease in the peak heat
release rate during end-gas autoignition was shown to be a function of both the mass
of the end-gas and the end-gas reactivity.
Recently, Gentz et al. [38] investigated experimentally SACI combustion under
dilute, boosted conditions at φ′ < 0.45, where the knock/stability limit was observed.
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For the conditions investigated, spark assistance at φ′ = 0.42 provided the greatest
combustion phasing control authority under both atmospheric and boosted condi-
tions. The lowest φ′ for a spark-initiated flame to provide sufficient compression
heating to affect the autoignition of the main portion of the charge was 0.36. In their
investigation, the mixture was diluted using a combination of air and EGR, which
varied depending on φ′, so composition was not held constant.
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1.6 Motivation, Research Objectives and Document Organi-
zation
The potential thermal efficiency improvements from high pressure and high dilu-
tion conditions relevant to boosted SACI combustion have been highlighted in ther-
modynamic modeling studies [39], but the extent to which these can be achieved in a
practical combustion device is still unknown. While there have been several studies in
the literature investigating SACI combustion, the benefits and limitations of this com-
bustion mode have yet to be investigated at fuel-to-charge equivalence ratios between
0.45 and 0.75 under boosted conditions. Furthermore, within the literature there are
very few highly controlled SACI experimental studies, which limits our understanding
of the combustion process due to the confounding effects typically observed in metal
engine experiments.
The current work investigates the impact of intake boosting on the SACI burn
rates in a negative valve overlap piston engine, while maintaining constant combus-
tion phasing near the optimal timing for work extraction. The primary mechanisms
affecting end-gas autoignition rates under those conditions are explored. The relative
importance of charge preheating method on SACI burn rates is investigated as well
at the evolution of reactivity stratification from early in the compression stroke until
the onset of autoignition. The use of intake boosting for high load expansion and
dilution extension is also explored and the resulting fuel conversion efficiencies are
discussed. The limits of combustion phasing and cyclic variability are investigated
experimentally under those conditions. Another goal of the current work is to under-
stand the effect of fuel-to-charge equivalence ratio on the tradeoff between deflagrative
and autoignition heat release. Improved understanding of the ringing and stability
limits observed SACI combustion process under those conditions can then aid both
the extension of the thermal efficiency as well as the expansion of the load limit. The
current work also discusses the practical engine considerations for achieving the tem-
perature and dilution requirements for boosted SACI combustion, such as valvetrain
operation, turbocharger efficiency and exhaust gas recirculation operation, which are
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inherently linked to the potential thermal efficiency gains.
Figure 1.12 displays a schematic of the SACI conditions investigated in this work
where there is a gap in the literature. The boundaries of HCCI, SACI and SI com-
bustion modes have been extrapolated from experimental findings under unthrottled
conditions for nearly homogeneous gasoline mixtures [56,61]. The actual combustion
mode limits as well as constant intake pressure lines are expected to vary on the
GMEP - φ′ diagram depending on several variables such as the definition of com-
bustion constraints, the level of mixture homogeneity, compression ratio and fuel
properties. The dashed black line shown is a best fit line from experimental data col-
lected in this work for 0.45 < φ′ < 0.75, indicating the variation of GMEP with φ′ at
constant intake pressure of 1 bar. The HCCI region has been extrapolated from the
experimental data assuming similar trends in volumetric efficiency at lower GMEP-φ′
conditions. For SI combustion charge preheating is undesirable to avoid knock, so
higher loads are expected than those extrapolated from the best fit line due to higher
volumetric efficiencies. On the diagram shown, boosted conditions will lie above the
dashed line and vice versa for throttled conditions.
Figure 1.12: Schematic showing the SACI conditions targeted in this work (blue
circle) presented on a GMEP against φ′ diagram. The dashed line is a best fit line
from experimental data collected in this work and indicates the variation of load with
φ′ at an intake pressure of 1 bar.
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The work described herein is organized in the following way:
 Chapter 2 describes the experimental setup including the test engine, test cell
systems and data acquisition tools are presented. The engine control tech-
niques and data acquisition methods used to collect the experimental data are
discussed. The analytical models used for the analysis of the experimental data
are also discussed.
 Chapter 3 investigates the boosted SACI operating limits for the existing hard-
ware configuration. Experimental results collected at the high load limit, com-
bustion phasing limits and cyclic variability limits are analyzed. An analytical
approach is presented to better understand the origins of the maximum pressure
rise rate conditions in SACI. The trends in indicated fuel conversion efficiency
and emissions are discussed as well as the effects of engine speed, fuel injection
timing and fuel pressure on the heat release profiles.
 In Chapter 4, the effects of boost pressure on the SACI burn profile are studied
in detail. The experiments are designed so that confounding effects on the heat
release rates such as charge composition, combustion phasing and mass fraction
burned at the onset of autoignition are removed. The effect of the charge
preheating method on the apparent SACI heat release profile under boosted
conditions is also discussed.
 Chapter 5 presents experimental studies on the impact of fuel-to-charge equiv-
alence ratio on the balance between flame propagation and autoignition and
the resulting heat release rate. The heat release trends with φ′ are investigated
both at constant intake pressure and constant load.
 In Chapter 6, the computational tools and methods are first described, then
the simulation results are compared with the experimental observations. The
effects of boost pressure on the thermal and compositional stratification of the
end-gas are discussed. The role of the charge preheating method on the evo-
lution of the thermal stratification and compositional stratification up to the
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onset of autoignition is evaluated. The effect of heat transfer induced thermal
stratification on the end-gas autoignition rate is then analyzed.
 Finally, Chapter 7 summarizes the conclusions of this work and provides rec-
ommendations for future studies.
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CHAPTER II
Experimental Setup, Methods and Analytical
Models
This chapter introduces the test engine and test cell systems, the engine control
techniques and data acquisition systems used to collect the experimental data. Exper-
imental methods as well as analytical models used for the analysis of the experimental
data are also discussed.
2.1 Experimental Setup
2.1.1 Test Engine
The experimental data presented in this thesis was collected on a modified four
cylinder turbocharged, spark-ignited GM Ecotec engine. The details of the geometry
of the engine are shown in Table 2.1. The compression ratio was increased from 9.75:1
to 11.25:1 by reducing the deck height and using custom piston design to increase the
end of compression pressure and temperature to promote autoignition. The engine
is equipped with hydraulic variable valvetrain control on both intake and exhaust
camshaft with 50 degrees of crank angle authority on each camshaft. Details on the
valvetrain system can be found in Table 2.2. The pistons and connecting rods were
upgraded to tolerate higher pressure rise rates and peak cylinder pressures up to 120
bar. The piston features valve cutouts and an dome and bowl design to enhance
the fuel-air mixing process. The spark plug is centrally mounted in the combustion
29
chamber and the stock J-type spark plugs were used for all experimental studies.
The ignition power supplied was approximately 70 mJ, which was measured using a
Tektronix A622 current probe and a Tektronix P6015A voltage probe.
The stock turbocharger was sized for high enthalpy, high flow conditions charac-
teristic of high load stoichiometric SI combustion and therefore was not well suited
for high dilution, low exhaust temperatures characteristic of SACI combustion. An
Eaton R410 roots-type supercharger with associated bypass valve was installed to the
engine to achieve the target boosted conditions with better controllability.
Table 2.1: Test engine geometry and characteristics
Parameter Value
Compression ratio 11.25
Bore 86 mm
Stroke 86 mm
Cylinders 4
Valves per Cylinder 4
Displacement 2.0 L
Piston pin offset 0.8 mm
Connecting rod length 145.5 mm
Turbocharger Borg-Warner K04
Supercharger Eaton R410
Fuel Injection Side mounted DI
Spark plug location Centrally mounted
Head design Pent roof
A water-to-air heat exchanger was used to control the temperature of the com-
pressed charge out of the turbocharger and supercharger. The water-to-air heat
exchanger as well as the intake path were insulated to better control the intake tem-
perature. Heating tapes were installed in the intake path close to intake manifold to
enable intake charge heating up to 85◦C. An external high pressure EGR loop, with
associated cooler and EGR valve, was installed to regulate the flow of external EGR
to the engine. The EGR loop was connected upstream of the throttle body and the
throttle body was moved further upstream in the air path to allow for better mixing
of EGR with the air stream before entering the intake manifold. EGR was intro-
duced to the fresh air stream using four inlets spaced out radially along the intake
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duct to improve its mixing with the fresh incoming air. A wire mesh was added to
the intake path to enhance turbulent mixing and ensure the EGR is well mixed by
the time it enters the intake manifold. A valvetrain kinematic model was built in
commercial software VT-Design for the design and manufacture of a custom negative
valve overlap cam profile. The details of the cam profile can be found in Table 2.2.
Air flow to the engine was passed through the stock air filter and the production hot
film anemometer was used for the total airflow measurement to the engine.
Table 2.2: Valvetrain system specifications
Parameter Value
Intake Valve Diameter 35.0 mm
Exhaust Valve Diameter 30.1 mm
Intake/Exhaust Valve Peak Lift 3.5 mm
Intake/Exhaust Valve Duration1 104 CAD
Intake/Exhaust Phasing Control Authority 50 CAD
Valve Actuation Dual OHC
Phasing Control Method Dual Hydraulic VVT
2.1.2 Test Cell Systems
A Westinghouse 200hp DC dynamometer combined with a DyneSystems DynLoc
IV controller was used to control the engine speed during experiments. UTG-96
gasoline certification fuel was used for all experiments presented in this work. Key
fuel properties are displayed in Table 2.3. The fuel conditioning system supplied fuel
at 5 bar and maintained fuel temperature at 32◦ C. The cam driven fuel pump was
then used to increase the fuel rail pressure up to 150 bar. The total fuel flow into
the engine was measured by a Pierburg PLU 103A positive displacement flow meter.
External liquid-to-liquid heat exchangers were also installed for conditioning the oil
and coolant temperatures at 90◦ C. An exhaust backpressure valve was installed to
control the backpressure to the engine, in order to drive the external EGR and to
maintain realistic turbocharger efficiency values.
1Valve opening and closing timings are defined at 0.2 mm opening.
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Exhaust gas was sampled from cylinder 1 exhaust runner near the exhaust port
and transferred via a heated line to a Horiba MEXA7500 D-EGR bench for mea-
surement of exhaust constituents. Total hydrocarbons (THC), carbon monoxide and
carbon dioxide (CO/CO2), oxygen (O2) and nitrogen oxides (NOx) were measured
by individual emissions analyzers using the measurement principles outlined in Table
2.4. CO2 was sampled both at the exhaust runner of cylinder 1 as well as the intake
manifold for the measurement of the external EGR rate to the engine. The experimen-
tal setup highlighting flow paths, major components and important measurements is
shown in Figure 2.1.
Table 2.3: Key fuel properties of certified gasoline used in experimental studies
Fuel Property Test Method Value
Research Octane Number [-] ASTM D-2699 96.7
Motor Octane Number [-] ASTM D-2700 88.8
Antiknock Index (R+M)/2 [-] N/A 92.8
Carbon [wt%] ASTM D-5291 86.4
Hydrogen [wt%] ASTM D-5291 13.6
Stoichiometric Air-Fuel Ratio [-] N/A 14.55
Specific Gravity [-] ASTM D-4052 0.7402
Lower Heating Value [MJ/kg] ASTM D-240 42.901
Reid Vapor Pressure [psia] ASTM D-5191 9
Table 2.4: Emissions sampling specifications
Exhaust species Analyzer measurement principle
CO/CO2 Non-dispersive infrared (NDIR)
THC Flame ionization detector (FID)
O2 Paramagnetic
NOx Chemiluminescense detector (CLD)
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Figure 2.1: Experimental engine setup highlighting flow paths, major components and important measurements.
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2.1.3 Engine Control and Data Acquisition
The engine controller hardware included an open Bosch Motronic MED17 ECU
interfaced with ETAS INCA software. ETAS measurement modules were used for
recording low speed data. The engine controller software (INCA) was used to moni-
tor the engine and experimental facility sensors and modulate engine actuators such
as spark timing, fuel injector pulse width, throttle angle, valvetrain phasing and ex-
ternal EGR valve angle. Cylinder pressure data was sampled at a 0.1 crank ankle
resolution using Kistler 6041A water cooled piezoresistive pressure transducers in each
cylinder. The amplification and conditioning of the cylinder pressure signal was done
on Kistler 5010A units. Cylinder 1 was instrumented with dynamic piezoresistive
sensors (Kistler model 4045A) positioned in the intake and exhaust runners to cap-
ture the pressure waves oscillations during valve events. The high response pressure
measurements in the intake and exhaust manifold were used for pegging the cylinder
pressure measurement at BDC timing and calculating the cyclic residual gas fraction,
respectively. High speed data was recorded in an AVL combustion analysis system,
which included Indiset 643 hardware and Indicom v2.3 software. An AVL 365C en-
coder was used to allow synchronization of the high-speed data acquisition system
with the engine crank position. TDC was determined using a thermodynamic loss
angle of 0.7 CAD at unthrottled motoring conditions at the engine speed of interest,
while the engine had reached operating temperature. Each experimental condition
was recorded at 300 continuous cycles to include enough cycles for statistical signifi-
cance. A wideband Bosch LSU 4.9 oxygen sensor was installed pre-turbine to record
lambda of the recirculating EGR with an ETAS LA4 unit. An additional LSU 4.9
wideband oxygen sensor was installed at the exhaust runner of cylinder 1 to record
cylinder 1 lambda. Fuel-to-air equivalence ratio was also calculated from emissions
as well as using Brettschneiders equation [62] for redundancy.
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2.2 Analytical Models
2.2.1 Heat Release Analysis
A First Law of Thermodynamics approach was used to estimate the global heat
release derived from the cylinder pressure data. Assuming an ideal gas and neglecting
any mass lost through the crevices, the gross chemical heat release rate is given by
Equation 2.1:
dQHR
dt
= mcv
dT
dt
+ P
dV
dt
+
dQHT
dt
(2.1)
where P is the measured cylinder pressure, V is the total cylinder volume and m, cv
and T are the estimated mass, constant volume specific heat capacity and mean gas
temperature of the mixture, respectively. The model for the estimation of the heat
transfer loss rate (dQHT/dt) model is discussed in Section 2.2.3. The cylinder volume
is calculated using crank-slider kinematic equations given the engine geometry and
the crank angle encoder signal. The heat release analysis was performed for the closed
portion of the cycle, that is from IVC to EVO timing. The burned mass fraction, xb, is
the fraction of heat release relative to the total cumulative gross chemical heat release
(Qhr,ch) between the start of combustion (SOC) and end of combustion (EOC). Start
of combustion and end of combustion are assumed to be the minimum and maximum
points of the cumulative heat release curve. The global burn rate, x˙B, can then be
calculated by numerically differentiating the mass fraction burned curve. The mean
(mass averaged) gas temperature of the mixture was estimated using the ideal gas
equation of state shown in Equation 2.2 below.
Tmean =
PV
mR
(2.2)
where m is the total trapped mass, R is the specific gas constant and P and V are the
instantaneous cylinder pressure and volume, respectively. The estimation of the mass
trapped in the cylinder for the closed portion of the cycle is discussed in Section 2.2.2.
The thermodynamic state of the gas varies as the piston moves, which will affect the
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heat release rate and temperature estimates through the cv and R terms. A variable
properties routine was employed to take those effects into account, as described in
Ortiz-Soto et al. [63]. The mean composition of the mixture was calculated as a
mixture of burned and unburned gases, weighted by the burned mass fraction, xB.
The mass fraction of the kth species, Y k, is given by Equation 2.3. The composition
of the burned gas, Y kB , was modeled as complete combustion products at the measured
equivalence ratio. The unburned composition, Y kU , was modeled as a mixture of fresh
reactants, Y kreac, based on the measured equivalence ratio and the EGR composition,
weighted by the EGR mass fraction (YEGR). The EGR composition (Y
k
EGR) was
approximated as a mixture of fresh reactants and complete combustion products for
the given equivalence ratio, φ, weighted by the combustion efficiency (ηc). The engine-
out combustion efficiency was calculated from exhaust emission measurements using
the equations presented in Stivender [64]. The thermodynamic gas properties were
calculated using standard reference databases [65,66].
Y k = (1− xB) · Y kU + xB · Y kB (2.3)
Y kU = (1− YEGR) · Y kreac + YEGR · Y kEGR (2.4)
Y kEGR = (1− ηc) · Y kreac + ηc · Y kprod (2.5)
An energy balance was used to assess the lumped error in the heat release analysis
by comparing the estimated cumulative heat release at the end of combustion to the
expected heat release from the fuel energy burned. The energy balance expression is
shown in Equation 2.6, where QHR(EOC) is the estimated cumulative heat release
at the end of combustion and ηc, mf and QLHV are the combustion efficiency, fuel
mass trapped in the cylinder and the lower heating value of the fuel, respectively.
Deviations from unity in the energy balance expression can be observed due to mea-
surements errors as well as uncertainties linked to the analytical models described in
this section, in particular the heat transfer model. The energy balance calculation
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can however be used as an indirect way to check for considerable errors in the mea-
surements and/or assumptions into the analytical models. The vast majority of the
data presented in this thesis had an energy balance error below 3%.
Energy Balance =
QHR(EOC)
ηc mf QLHV
(2.6)
2.2.2 Cylinder Mass Estimation
The cylinder mass (mtot) during the closed portion of the cycle is determined by
Equation 2.7, where mf , ma, meEGR, miEGR are the masses of injected fuel, inducted
air, external EGR and internal EGR, respectively. External EGR is the exhaust gas
mass that mixes with the fresh air upstream in the intake path, while internal EGR
is retained in the cylinder from the previous cycles, also known as residual gas.
mtot = mf +ma +meEGR +miEGR (2.7)
The injected fuel mass in the cylinder was directly measured while the air mass in
cylinder was indirectly calculated using the fuel and exhaust lambda measurements.
Cylinder 1 exhaust lambda was determined from a carbon balance using the measured
exhaust constituents [64] as well as from a standard wideband oxygen sensor. The
two measurements showed very good agreement. The uncertainty in both the hot
film anemometer measurement and the distribution of air into the cylinders was too
large, so the air flow measurement was not used for the calculation of the trapped air
in cylinder 1. External EGR mass was calculated by taking the ratio of volumetric
CO2 measurements in the intake and exhaust after correcting for background CO2.
Significant amounts of residual gas were used in the negative valve overlap test
engine, which have a direct impact on the mass-averaged temperature estimation and
the fuel-to-charge equivalence ratio estimates. The residual gas mass was modeled due
to the complexity and practical issues linked to the direct measurement of the residual
gas [67]. Ortiz-Soto et al. [68] performed an assessment of 3 residual mass estimation
methods commonly used in HCCI studies against simulations from a validated 1-D
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engine model using experimental data. It was shown that for a negative valve overlap
configuration operating under boosted conditions, the model presented by Yun and
Mirsky [69] was the most robust, even though it always underpredicted the residual
gas fraction by approximately 1% on an absolute basis, as seen in Figure 2.2. Such a
small systematic error is expected to have a minor impact on the trend-wise behavior
of the heat release analysis results. The model proposed by Fitzgerald et al. [70] for
HCCI combustion showed better agreement under naturally aspirated conditions but
overpredicted the residual fraction under boosted conditions. The sensitivity analysis
results from that same study showed that the Yun and Mirsky model is insensitive
to potential errors in the cylinder pressure or exhaust temperature measurements,
as those errors cancel out in the formulation of the model described below. For the
above reasons, the Yun and Mirsky model was selected as the most appropriate for
use under the engine operating conditions investigated in this work.
(a) (b)
Figure 2.2: Residual gas fraction estimations as a function of (a) negative valve
overlap and (b) boost pressure from analytical models and 1-D engine simulation
results [68].
The Yun and Mirsky model assumes that the combustion products undergo an
isentropic process during the exhaust blowdown, as shown in Equation 2.8. Assuming
no leakage in the cylinder, the mass at EVO (mEV O) corresponds to the total mass
(mtot), while the mass at EVC is equal to the internal residual mass (miEGR). The
average specific heat ratio (γ¯) is calculated using the mean temperature at EVO
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(TEV O) and EVC (TEV C), given by Equations 2.9 and 2.10, respectively. An iterative
approach was used to solve equations 2.7 - 2.10, as the temperatures (TEV O, TEV C),
the masses (miEGR, mtot) and the specific gas constant (R) are interrelated.
miEGR = mEV C = mEV O
(
VEV C
VEV O
)(
PEV C
PEV O
) 1
γ¯
(2.8)
TEV O =
PEV OVEV O
mEV OR
(2.9)
TEV C =
PEV CVEV C
mEV CR
(2.10)
2.2.3 Heat Transfer Loss Estimation
The instantaneous heat transfer loss rate (Q˙HT ) during the closed portion of the
cycle was modeled using the form shown in Eq. 2.11, where h is a spatially averaged
heat transfer coefficient, T is the mass-averaged gas temperature, Ai are the surface
areas (head, piston and liner) participating in the heat transfer and Twi are the
relevant mean surface temperatures. The piston and head area are constant, while
the cylinder liner area varies as a function of crank angle.
Q˙HT =
∑
i
hAi(T − Twi) (2.11)
In the absence of a global heat transfer coefficient validated experimentally for
SACI conditions, a number of relevant expressions available in the literature were
tested [50, 63, 71, 72]. The widely used expression proposed by Woschni [50] was se-
lected as its predictions did not deviate from the expected heat transfer loss (using
energy closure calculations) with changes in boost, load or dilution, under the con-
ditions investigated. However, a low energy balance error does not necessarily imply
that the heat transfer modeling is precise, since possible errors in the apparent heat
release are lumped in the cumulative gross heat release estimate. The heat transfer
model estimates were therefore used with caution, primarily to understand trendwise
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behaviors in the experimental results. It should be also noted that errors in the heat
transfer model have negligible impact on the heat release profiles typically up to 90%
mass fraction burned (θ90) for optimal combustion phasing. Due to the lack of a di-
rect measurement, the temperature of the wall was set to 450 K for all three regions,
which is in proximity to the 1-D full engine model predictions under the conditions
investigated.
The spatially averaged heat transfer coefficient, h (W·m−2·K−1), proposed by
Woschni is shown in Equation 2.12, where T (K) is the gas mean temperature, P
(kPa) is the cylinder pressure, B (m) is the engine bore used as a characteristic
length, S¯p (m/s) is the mean piston speed and w (m/s) is the characteristic gas
velocity term.
h = 3.26 ·B−0.2 · P 0.8 · T−0.53 · w0.8 (2.12)
w = C1S¯p + C2
(
VdTr
PrVr
)
(P − Pmot) (2.13)
The gas velocity, w, given by Equation 2.13, is effected by the piston motion and
by combustion itself. The second term in Eq. 2.13 is an empirical expression de-
scribing the intensity of the combustion, where Vd (m
3) is the displaced volume and
Tr (K), Pr (kPa), Vr (m
3) are temperature, pressure and volume at a reference state
(IVC in this work) and P , Pmot are the instantaneous cylinder pressure and motoring
pressure, respectively. Pr, P and Pmot should have the same units to ensure dimen-
sional consistency of Eq. 2.13. For an unfired engine, the instantaneous pressure,
P , would be equal to the instantaneous motoring pressure, Pmot, so the combustion
induced gas velocity would be zero, as expected. The empirical coefficients C1 = 2.28
and C2 = 3.24 x 10
−3 m/(s·K) were used in this work, as suggested by Woschni [50].
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2.2.4 Two-Zone Thermodynamic Model
A two-zone thermodynamic model was used to estimate the state of the end-gas
(unburned gas) during the closed portion of the cycle. The model is described in detail
in the work of Ortiz-Soto et al. [63], which is based on typical two-zone assumptions
for flame propagation [73–76] with autoignition in the end-gas. At spark timing,
the charge in the cylinder is divided into two zones: the post-flame zone and the
end-gas (unburned) zone. The model assumes that the two zones are separated by a
null thickness flame front and the pressure for both zones is equal to the measured
cylinder pressure. The end-gas zone contains the mass of the unreacted mixture
(fuel, air, EGR) and the post-flame zone contains the mass that has been consumed
by the flame. The cylinder mass is assumed to be constant (no blow-by) and the
contents in each zone are assumed to be fully mixed in terms of composition and
properties. The end-gas species are converted into constant pressure and enthalpy
complete combustion products at a rate determined from flame propagation (m˙ku,FL).
The First Law in terms of enthalpy for an open system was used to estimate the
end-gas state, shown in Equation 2.14 below.
dHu
dt
= Vu
dP
dt
− Q˙HTu +
∑
m˙ku,FLh
k
u (2.14)
where Vu is the unburned gas volume, Q˙
HT
u is the volume scaled heat transfer loss to
the walls and m˙ku,FLh
k
u is the enthalpy outflow due to the mass consumed by the flame.
At each time step, the enthalpy of the end-gas changes due to the contributions from
the piston compression/expansion, the compression from the expanding burned gases,
the heat transfer lost to the walls and the mass transferred from the end-gas to the
post flame zone. The end-gas state is estimated at each time step using the measured
pressure and the integrated enthalpy value. Once the end-gas and global state (see
Section 2.2.1) and composition are known, the post-flame state and composition are
then computed algebraically by balancing mass and energy. The model calculates the
relative burn fractions in SACI by employing a series of semi-empirical assumptions.
An exponential function is used to fit the autoignition burn rate between the 1%
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burn fraction and autoignition timing (θAI). The autoignition burn fraction at θAI
is assumed to be 5%, while an exponential decay is imposed on the flame burn rate
after autoignition timing. These assumptions were validated against high fidelity
KIVA simulations and showed good agreement. A full sensitivity analysis and further
details on the model can be found in the original work of Ortiz-Soto et al. [63].
2.2.5 End-Gas Autoignition Timing Estimation
The end-gas autoignition timing (θAI) was estimated from the pressure based heat
release information using the first maxima of the second derivative of the burn rate
curve, as shown in Figure 2.3. An empirical minimum threshold of 0.005 [1/cad3] was
applied on the second derivative of the burn rate curve to differentiate between cycles
with and without end-gas autoignition.
Previous cycle resolved combustion imaging studies [32, 77] have shown that this
metric corroborates with the visual transition from flame propagation to end-gas
autoignition. Optical images of SACI combustion by Zigler et al. [55] have shown
concurrent heat release between flame propagation and auto-ignition, indicating that
the two modes can exist simultaneously. Reuss et al. [32] reported that the inflec-
tion point on the pressure based heat release rate curve occurred at the same time
where chemiluminescence filled the field of view and had an intensity that began to
exceed that of the flame. Computational work by Martz [58, 78] on laminar flames
propagating into autoigniting end-gases, showed that at the transition to the sponta-
neous ignition front regime, the ignition wave travels only one front thickness within
the remaining chemical lifetime of the end-gas. As a result, the contribution of the
spontaneous ignition front to the overall energy release was relatively insignificant.
These findings support the assumption made in this work that there is a bimodal
switch from flame propagation to chemically controlled autoignition. While the pres-
sure based heat release can be used to get a reasonable estimate of the autoignition
timing, the exact amount of flame based heat release is difficult to determine and can
often be overestimated since pure HCCI combustion without spark will also result in
a few percent (≈ 5-10%) of mass fraction burned using this autoignition estimation
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Figure 2.3: Example mass fraction burned curve (top), burn rate curve (middle)
and second derivative of burn rate (bottom) highlighting the estimated end-gas au-
toignition timing at the first maxima location of the second derivative of the burn
rate curve.
method. Nevertheless, the above analysis should still provide valuable information
on the trendwise behavior of the initial flame based heat release in SACI combustion
under the conditions investigated.
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2.2.6 Laminar Burning Velocity Correlation
A correlation published by Middleton et al. [79] was used to estimate laminar
burning velocities (SL) near the time of spark to draw additional insight from the early
flame based heat release trends observed from the experimental data. The correlation
was developed using planar laminar isooctane-air-EGR reaction front simulations
performed at constant pressure with HCT [80], which solves the one dimensional
momentum, species and energy transport equations. This correlation was used due
to the lack of experimentally developed correlations in the literature of premixed
iso-octane-air-EGR laminar reaction front data under the highly dilute, high preheat
temperatures relevant to SACI combustion. The simulation was exercised over fuel-
air equivalence ratios, unburned gas temperatures, pressures and EGR levels ranging
from 0.1 to 1.0, 298 to 1000 K, 1 to 250 bar, and 0% to 60% (by mass), respectively,
thus covering the range of conditions visited in this work. The expressions for the
laminar burning velocity (SL), the inner layer temperature (T
0) and the burned gas
temperature (TB) are shown in Equations 2.15 - 2.17, respectively. Inputs to the
SL correlation include the unburned gas temperature (Tu), pressure (P ) and mixture
composition at the crank angle of interest. Cylinder pressure and unburned gas
temperature were determined from the two-zone thermodynamic model described in
Section 2.2.4, while composition was computed using the fuel-air equivalence ratio
(φ) and total EGR mole fraction (XEGR). The best fit parameters for Equations 2.15
- 2.17 can be found in the original work by Middleton et al. [79].
SL = Fϕ
mexp(−G/T 0)
(
Tu
T 0
)(
Tb − T 0
Tb − Tu
)n
(1−XSCP )D1 (2.15)
T 0 =
( −E
ln(P/B)
)
[ϕ(1−XSCP ) +C7]C8 +C9Tu + a1P a2 [[ϕ(1−XSCP )]a3 − 1] (2.16)
Tb = Tu + ϕ(c+ dϕ+ eϕ
2 + fTu + gP )(1−XSCP )h (2.17)
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The SL expression uses the non-product equivalence ratio, ϕ, and the mole frac-
tion of stoichiometric combustion products (XSCP ) to completely define a gas mix-
ture, while accounting for charge stratification, which is typically present in advanced
combustion modes with direct fuel injection. The variables φ and XEGR were related
to ϕ and XSCP using Equations 2.18 and 2.19 below, where x and y represent the
atomic numbers for carbon and hydrogen, respectively, of the chemical formula of a
hydrocarbon fuel in the form CxHy.
ϕ =
(1−XEGR)φ
1−XEGRφ (2.18)
XCO2 =
XEGR φ x
XEGR φ (y/4− 1) + φ+ 4.76(x+ y/4) (2.19)
The mole fraction of the stoichiometric combustion products, XSCP is defined in
Eq. 2.20 below. The mole fraction of N2 is divided into two parts, XN2,Reac and
XN2,st, where the subscript Reac refers to the N2 associated with the molecular O2,
and the subscript st refers to the N2 associated with the O2 required to produce the
CO2 and H2O present.
XSCP = XCO2 +XH2O +XN2,st =
[
1 +
y
2x
+ (x+
y
4
)
3.76
x
]
XCO2 (2.20)
The remaining species mole fractions are determined from the following expres-
sions 2.21 - 2.25, which are derived from stoichiometry for the complete combustion
of a hydrocarbon fuel at a given global equivalence ratio (φ). Further details on the
development of the correlation can be found in the work of Middleton et al. [79].
1 = XCxHy +XO2 +XH2O +XN2,Reac +XN2,st +XCO2 (2.21)
XCxHy =
ϕ(1−XSCP )
ϕ+ 4.76(x+ y/4)
(2.22)
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XN2,Reac
XO2
= 3.76 (2.23)
XN2,st
XCO2
=
3.76(x+ y/4)
x
(2.24)
XH2O
XCO2
=
y/2
x
(2.25)
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2.3 Representative Pressure Trace
In experimental metal engine studies, heat release analysis has been typically
performed on the ensemble average pressure trace of several hundred cycles recorded.
This post-processing method can be problematic in the analysis of SACI experimental
pressure traces, which has been also discussed in previous work [44,81,82]. Cyclic heat
release analysis has been used instead by some researchers of LTC combustion modes
[83,84] to better understand the heat release process. If the calculated variables from
the cyclic heat release analysis display a gaussian distribution, then averaging cyclic
heat release calculated variables should describe well a SACI operating condition.
However, ensemble averaging cyclic heat release results to create a curve, such as
a heat release curve or a temperature curve, will have the same effect as using the
ensemble average pressure trace for the heat release analysis.
Temel et al. [81] performed a statistical analysis to identify a single pressure trace
that would best describe the average cyclic heat release results for several combustion
parameters such as maximum pressure rise rate, θ50 and RI under several fairly high
COVNMEP SACI conditions at a range of speed and loads. It was shown that no par-
ticular pressure trace was best at representing the average cyclic heat release values.
However, the distribution of the combustion parameters from the cyclic heat release
analysis wasn’t assessed to verify whether averaged cyclic heat release results would
be the most appropriate to describe the operating conditions studied. Nevertheless,
it was shown that the ensemble average pressure trace correlated poorly with the
average cyclic heat release data while the cycles closest to the ensemble mean and
ensemble median best described the maximum pressure rise rate, ringing intensity
and peak pressure.
The use of representative pressure traces and ultimately heat release profiles is very
important in this work to ensure good estimation of end-gas autoignition timing, mass
fraction burned at the onset of autoignition as well as peak heat release rates and
ringing intensity estimates. For that reason, the distributions of θ50 and peak pressure
for a representative operating condition were analyzed, to understand why the SACI
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pressure trace selection can lead to very different heat release analysis results and
what cycles should be considered representative in this work.
The mean, median and mode values of θ50 and peak pressure from cyclic heat
release analysis were used in this analysis as well as the ensemble average and ensemble
median pressure traces. Both θ50 and peak pressure distributions, shown in Figures 2.4
and 2.5 respectively, are Gaussian and θ50 results matched for all traces investigated.
However, the ensemble mean peak pressure was found to be lower than all other
reference peak pressure values, as shown in Figure 2.5.
Looking at the pressure traces and heat release rate curves in Figures 2.6 and 2.7
it is apparent that the ensemble averaging process leads to filtering of the pressure
traces, which results in approximately half peak heat release rate values compared
to the representative cases. In addition, the estimated location of autoignition for
the ensemble average trace is several crank angle degrees earlier compared to the
representative cycles. The filtering observed in the ensemble averaging process is due
to the fact that the spread in peak heat release rate phasing is close to the main
combustion duration (θ25−75), therefore peaks in individual cycle heat release curves
average out with troughs of other cycles. The magnitude of the filtering due to
ensemble averaging increased as σθ50 increased, while COVNMEP was well below the
cyclic variability limit, like in this example.
In this work, representative pressure traces were selected by considering the 20
actual pressure traces closest to the ensemble median trace. The representative cycles
matched important combustion parameters such as the cyclic average θ50, the cyclic
average xB, θAI and the cyclic average P˙MAX at each operating condition. The vast
majority of the data presented in this thesis was collected under stable operating
conditions which displayed very close to gaussian distributions in the aforementioned
combustion parameters. The ensemble mean from those 20 representative cycles is
used in the plots presented in the main chapters of this work.
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Figure 2.4: Distribution of θ50 (300 cycles) for a stable stoichiometric SACI operat-
ing conditions at 4.6 bar GMEP, PINT = 101 kPa, φ
′ ≈ 0.61. Mean θ50, median θ50
and mode θ50 are highlighted as well as the ensemble mean θ50 and ensemble median
θ50.
Figure 2.5: Distribution of maximum pressure (300 cycles) for a stable stoichiomet-
ric SACI operating conditions at 4.6 bar GMEP, PINT = 101 kPa, φ
′ ≈ 0.61. Mean
peak pressure, median peak pressure, mode peak pressure are highlighted as well as
the ensemble mean trace peak pressure and ensemble median trace peak pressure.
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Figure 2.6: Individual pressure traces for all 300 cycles highlighting the ensemble
mean pressure trace and the representative pressure traces.
Figure 2.7: Heat release rate plot showing the effect of ensemble averaging on the
heat release profile. Representative pressure traces are also shown for comparison.
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2.4 Combustion Constraints
2.4.1 Ringing Intensity Limit
SACI combustion is frequently limited by high maximum pressure rise rates due
to the rapid energy release during the end-gas autoignition phase. High pressure
rise rates cause acoustic oscillations in the charge gas, which result in audible engine
knock [85]. If uncontrolled this can result in excessive noise levels and potentially
engine damage. The ringing intensity (RI) constraint proposed by Eng [86] for LTC
modes is used in this work as a measure of the propensity for engine knock. Figure
2.8 displays the unfiltered and filtered pressure traces for a low and a high ringing
intensity operating condition, highlighting the maximum pressure rise rate (P˙MAX) for
each trace. Figure 2.9 shows an example high pass filtered pressure trace, highlighting
the maximum peak-to-peak pressure pulsation amplitude (∆P ).
As derived by Eng [86], RI is correlated to the cylinder pressure wave intensity (I)
or power flux in [W/m2] generated by the rate of pressure rise, as shown in Equations
2.28 - 2.27 below.
I =
1
2γ
∆P 2
Pmax
√
γRTmax (2.26)
∆P = β · P˙MAX (2.27)
RI ≈ 1
2γ
[
β · P˙MAX
]2
Pmax
√
γRTmax (2.28)
where ∆P is the maximum peak-to-peak pressure pulsation amplitude, P˙MAX [kPa/ms]
is the low-pass filtered maximum pressure rise rate, Pmax [kPa] is the peak cylinder
pressure, Tmax [K] is the peak burned gas temperature, γ is the mixture’s ratio of
specific heats, R [J/kg/K] is the gas constant and β [ms] is a scale factor determined
from experimental data. β is derived using Equation 2.27, which relates the pressure
pulsation amplitude to the low-pass filtered maximum pressure rise rate. For the
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representive pressure traces, the maximum pressure rise rate values P˙MAX approx-
imately scale with the maximum peak-to-peak pressure pulsation amplitude (∆P ),
as shown in Figure 2.10. In this work, β was set to 0.05 ms, which was determined
approximately using the experimental data shown in Figure 2.10.
Figure 2.8: Sample unfiltered and filtered SACI pressure traces for a low and high
ringing intensity experimental condition. The arrows point to the maximum pressure
rise rate of the filtered trace that is being used in the ringing intensity calculation.
Figure 2.9: High-pass filtered pressure trace highlighting the ∆P which is the max-
imum peak-to-peak pressure pulsation amplitude.
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Ringing intensity was calculated for all 300 cycles after filtering the individual raw
pressure traces using a 2nd order low-pass Butterworth digital filter with a prescribed
cutoff at 3.5 kHz. A ringing intensity limit of 5 MW/m2 was used in this work consis-
tent with previous LTC studies [26,35,87] that used that limit as a reliable indicator
for avoiding the onset of significant ringing. At 2000 RPM and φ′ = 0.64, ringing
intensity of 5 MW/m2 corresponds to a maximum pressure rise rate of approximately
5 MPa/ms, which was also found to be a good indicator of the onset of knock in
the work on HCCI engine knock by Andreae et al. [85]. The ringing intensity values
reported in this work were calculated using the average of the 20 representative cy-
cles, as described in Section 2.3 earlier. Early autoigniting cycles compared to the
representative pressure traces depicted much higher ringing intensities and vice versa
for late autoigniting cycles.
Figure 2.10: Relationship between the maximum peak-to-peak pressure pulsation
amplitude (∆P ) and the maximum pressure rise rate of the low-pass filtered repre-
sentative pressure trace (P˙MAX). 1240 experimental conditions plotted at 2000 RPM,
0.45 < φ′ <0.75, 5 < θ50 <15◦aTDC and 80 < PINT <150 kPa.
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2.4.2 Combustion Variability Limit
When TDC mixture state is not properly adjusted in SACI, combustion efficiency
may be poor due to partial burning cycles and/or misfires. This can lead to elevated
pollutant emissions levels, reduced thermal efficiency and driveability concerns due to
variable torque output, which is undesirable. In this work, the combustion stability
limit was set to a coefficient of variation of NMEP (COVNMEP ) approximately 4%
for at least one of the cylinders. COVNMEP is defined as the ratio of the standard
deviation of NMEP to the mean of NMEP for the 300 cycles recorded. When end-
gas autoignition was unsuccessful in SACI, a significant decrease in work output was
observed during that cycle, which had a large impact on COVNMEP , even for a single
cycle. As a result, COVNMEP would increase sharply from an initially stable operating
condition depending on the frequency of partial burning cycles and/or misfires. For
that reason, the standard deviation in combustion phasing (σθ50) was also used as an
additional indicator of combustion variability in combination with COVNMEP values.
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2.5 Variability in Experimental Measurements
At the start of every experimental study, the baseline motoring and firing con-
ditions were met to verify that the engine structure and main engine actuators did
not show any damage or malfunction. Additionally, the energy closure calculation
described in Section 2.2.1 was performed on every experimental dataset as a consis-
tency check, to verify that the expected heat release and computed heat release closely
match. However, in experimental studies, variability in data collection is unavoidable
and hence it is an important aspect in the interpretation of the results.
To assess the variability in experimental measurements, a commonly visited sta-
ble operating condition was recorded 22 times throughout the duration of few hours.
The experimental measurements were then used in the heat relase analysis routine,
which incorporates a number of analytical models presented earlier in this Chap-
ter. Table 2.5 compares the mean and standard deviation of important experimental
measurements and heat release analysis outputs that were used to investigate SACI
combustion in the main chapters of this thesis. It can be seen in Table 2.5 that
the variability in the results is rather small for all parameters. Combustion param-
eters that are very sensitive to autoignition timing, such as peak pressure rise rate,
peak heat release rate and peak end-gas burn rate, display a slightly larger variabil-
ity compared to the rest of parameters investigated. This is understandable given
the inherent variability in the initial flame development process in SACI, which ulti-
mately affects the timing of autoignition. However, it also highlights the importance
of maintaining an approximately constant autoignition timing when analyzing those
parameters, which was one of the main focus areas of this research work.
Other potential sources of experimental error that were identified in this work are
linked to the use of a multi-cylinder engine for the experimental studies. Sufficient
mixing of fresh air and external EGR, precise measurement of cylinder 1 exhaust
equivalence ratio as well as precise measurement of external EGR equivalence ratio
were extremely important to reduce uncertainty in the mixture composition, com-
bustion efficiency calculations and all other combustion parameters affected by those.
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Table 2.5: Scatter in experimental measurements and heat release analysis results
of interest over several hours of experimental testing. 22 datasets were recorded
(300 cycles each) for a commonly visited SACI operating condition. The mean and
standard deviation results for all cases are compared.
Parameter Mean Error (1σ)
Fueling rate [mg/cyc/cyl] 13.04 ±0.08%
GMEP [kPa] 433 ±0.2%
Autoignition timing, θAI [
◦aTDC] 6.5 ±5.7%
Combustion timing, θ25 [
◦aTDC] 7.1 ±3.4%
Combustion phasing, θ50 [
◦aTDC] 9.7 ±3.2%
Combustion timing, θ75 [
◦aTDC] 12.4 ±3.0%
Peak pressure rise rate [bar/cad] 2.80 ±5.7%
Peak end-gas burn rate [1/cad] 0.16 ±3.2%
Peak gross heat release rate [J/cad] 72.5 ±3.7%
Mass fraction burned at autoignition [-] 0.21 ±5.9%
Peak cylinder pressure [bar] 37.3 ±1.3%
Internal EGR fraction [-] 0.35 ±1.0%
External EGR fraction [-] 0.09 ±2.2%
Total EGR mass fraction [-] 0.44 ±1.0%
Exhaust temperature [◦C] 500.2 ±0.3%
Intake temperature [◦C] 45.6 ±1.0%
Fuel-to-air equivalence ratio, φ [-] 1.01 ±0.5%
Fuel-to-charge equivalence ratio, φ′ [-] 0.55 ±1.0%
IVC temperature [◦C] 562 ±0.5%
TU at autoignition timing [K] 1148 ±0.25%
The actions that were taken to provide sufficient time and mixing of external EGR
with fresh air were to introduce external EGR very early in the intake stream and
to enhance the mixing process as described in Section 2.1.1. To achieve precise mea-
surement of cylinder 1 exhaust equivalence ratio, a lambda sensor as well as emission
sampling were installed as close as possible to cylinder 1 runner. To measure the
equivalence ratio of the externally recirculated EGR, an additional lambda sensor
was installed at the entry of the external EGR loop.
Another source of uncertainty comes from the estimation of the residual gas de-
scribed in Section 2.2.5, which primarily affects the fuel-to-charge equivalence estima-
tion and the cylinder temperature estimates. Given the internal residual estimation
error of the Yun and Mirsky model [69] discussed in Section 2.2.2, a sensitivity anal-
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ysis of the internal residual fraction was performed at a commonly visited SACI
operating condition. For an operating condition with 27% internal EGR, a 4% uncer-
tainty on the residual gas fraction leads to an uncertainty of approximately 1.5% at
IVC temperature. This corresponded to an uncertainty of approximately 15 K on TU
at autoignition timing. For that reason, trends in temperature estimates that were
reported in this work were at least 15 K. The effect of the change in residual gas
fraction on other important parameters, such as the peak heat release rate and peak
end-gas burn rate, was negligible. However, while the Yun and Mirsky estimation
method may lead to an absolute error of the internal residual mass, it primarily relies
on cylinder volume and pressure measurements. As a result, the directional trend,
if any, is expected to be captured even if the temperature change is lower than 15
K. The estimation method is also insensitive to potential errors in pressure and/or
volume measurements as the errors cancel out in the model formulation, as shown in
Ortiz-Soto et al. [68].
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CHAPTER III
Boosted SACI Operating Limits: Load, Ringing
Intensity, Efficiency and Variability
3.1 The Maximum Pressure Rise Rate Conditions in SACI
Combustion
Low temperature combustions like SACI can feature high ringing intensities levels
at high loads due to excessive pressure rise rates, which limit the load expansion and
could potentially cause damage to the engine structure. To get a better understanding
of the contributions at the maximum pressure rise conditions, an analytical approach
is employed starting from the conservation of energy. Assuming an ideal gas and
neglecting any mass lost through the crevices, the energy conservation equation for
a closed system has the form shown Equation 3.1. The change in the mixture gas
constant from reactants to products during combustion is very small (≈ 3%) so that
term has also been neglected in this analysis which focuses at a small crank angle
window around the location of maximum pressure rise rate.
dQHR
dt
=
γ
γ − 1P
dV
dt
+
1
γ − 1V
dP
dt
+
dQloss
dt
(3.1)
Rearranging Eq. 3.1, we can get an expression for pressure rise rate, as shown in Eq.
3.2.
dP
dt
=
γ − 1
V
dQHR
dt
− γ
V
P
dV
dt
− γ − 1
V
dQloss
dt
(3.2)
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The three terms on the right hand side of the equation represent the pressure rise
rate contributions of the fuel chemical energy released, the volumetric change due
to the piston movement and the heat lost to the walls, respectively. The total heat
transfer loss in the cycle typically accounts for around 10 - 20% of the total fuel
chemical energy depending on the operating condition and engine design. However,
the heat loss term becomes important in Equation 3.2 late in the combustion process,
where cylinder temperatures are elevated and there is no heat release term. At the
maximum pressure rise rate timing (θP˙MAX ), which is near TDC under the conditions
investigated, the heat loss term is more than an order of magnitude smaller than the
heat release term. The heat loss term can thus be ignored, leading to the simplified
P˙MAX expression shown in Equation 3.3. The fuel chemical energy release term
dominates in Equation 3.3, being several times larger than the volumetric expansion
term. For a given heat release rate, retarding the combustion phasing would lead to
reduced P˙MAX due to larger volume and higher volume expansion rate, however it
may be associated with lower peak pressure, lower expansion work and thus lower
thermal efficiency which is undesirable.
P˙MAX ≈
(
γ − 1
V
Q˙HR − γ
V
P V˙
)
MAX
(3.3)
Since combustion phasing has to be maintained at a narrow crank angle range for
maximum fuel conversion efficiency, the analysis here assumes a constant combustion
phasing near optimal timing for work extraction (θ50 ≈ 9◦aTDC). Under the condi-
tions investigated, θP˙MAX was found to be very close to θ50. For a constant θP˙MAX ,
both the heat release term and volumetric expansion term approximately scale with
each other due to the positive relationship between pressure and energy content,
which results in an approximately proportional relationship between the maximum
pressure rise rate in the cycle and peak heat release rate, as shown in Figure 3.1 and
described in Equation 3.4.
P˙MAX ∝ Q˙HRMAX , if θP˙MAX = constant (3.4)
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Figure 3.1 shows the approximately proportional relationship between the maxi-
mum pressure rise rate and peak heat release rate for 451 experimental conditions at 3
fuel-to-charge equivalence ratios and approximately constant maximum pressure rise
rate location of 9◦aTDC. This is not an experimental finding, but a consistency check
since both variables are related through the energy balance equations described ear-
lier. Intake pressure for these conditions vary between 80 - 150 kPa and spark timing
varies between 10 - 40◦ bTDC. The results are shown on a crank angle basis instead
of a time basis, which should not affect the relationship since engine speed was held
constant at 2000 RPM. The dashed blue line shows the relationship if combustion
was adiabatic at constant volume, in which case the slope of the curve is equal to
[(γ − 1)/V ] evaluated at 9◦ aTDC. The gap between the dashed blue line and the
best fit line of the experimental data depicts primarily the magnitude of the effect of
volume expansion on pressure rise rate under the conditions investigated. Changes
in φ′ from 0.45 to 0.65 have negligible impact on the relationship between peak heat
release rate and peak pressure rise rate due to the minimal change in γ.
In SACI combustion, a fraction of the mixture is consumed by the propagating
flame while the end-gas is burned through a cascade of autoignition events. Assuming
an orderly transition from flame propagation to autoignition, the maximum global
heat release rate can be related to the autoignition process using Equation 3.5, where
QEG, θAI is the end-gas energy released during autoignition and δθAI is the end-gas
autoignition characteristic duration. The SACI autoignition characteristic duration
can be computed by rearranging terms, as shown in Equation 3.5.
(
dQ
dθ
)
MAX
=
QEG, θAI
δθAI
⇒ δθAI = QEG, θAI
/(
dQ
dθ
)
MAX
(3.5)
The end-gas energy released during autoignition QEG, θAI can be estimated using
equation 3.6, where xB, θAI is the mass fraction of fuel burned at the estimated au-
toignition timing, mf is the total fuel mass injected in the cycle and QLHV is the
lower heating value of the fuel. The mass fraction of fuel burned at autoignition can
be estimated using the estimated location of autoignition from the normalized heat
60
Figure 3.1: Variation of peak gross heat release rate and maximum pressure rise rate
for varying φ′ mixtures at constant maximum pressure rise rate location using the en-
ergy conservation equations. The dashed line displays the relationship if combustion
was also at constant volume and adiabatic.
release rate curve. For stable engine operation, combustion efficiency measurements
were consistently high (≈ 98%) and showed negligible difference between experimental
conditions, so combustion efficiency was neglected in the end-gas energy estimation.
QEG, θAI = (1− xB, θAI ) · mf · QLHV (3.6)
Combining Equations 3.4 and 3.5, the maximum pressure rise rate should be approx-
imately proportional to the end-gas chemical energy during autoignition (QEG, θAI )
and inversely proportional to the autoignition characteristic duration δθAI , as shown
in Equation 3.7.
P˙MAX ∝ QEG, θAI · δθ−1AI , if θP˙MAX = constant (3.7)
The 25 - 75% and 10 - 90% burn durations have been typically used to describe the
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HCCI or SACI combustion duration [6,41,88]. Figure 3.2 compares δθAI with 25-75%
(top) and 10-90% burn duration (middle), while the bottom figure shows the variation
in the mass fraction burned at the onset of autoignition between the experiments. It
can be seen that the 25 - 75% and 10 - 90% durations do not always scale with δθAI .
For experiments at φ′ = 0.45, 10-90% durations vary less than changes in δθAI , while
the opposite is true for the cases at φ′ = 0.65. The 25-75% durations seem to scale with
δθAI for φ
′ = 0.45 and φ′ = 0.55 experimental points, but still show high sensitivity
for experiments at φ′ = 0.65. The discrepancies in the slopes at each φ′ are mostly due
to the variation of the mass fraction burned at the onset of autoignition between the
experiments. Differences in the relative burn fractions between flame propagation and
autoignition will cause discrepancies between the autoignition characteristic duration
and the global burn durations (e.g. θ10−90, θ25−75).
The 25 - 75% and 10 - 90% burn durations may therefore not be appropriate to
describe SACI duration in the context of the maximum pressure rise rate conditions,
due to the large difference observed between flame propagation and autoignition burn
rates. In other words, a decrease in the autoignition burn duration by 2 crank angle
degrees would have a much more pronounced effect on the maximum pressure rise rate
compared to a similar decrease in burn duration during initial flame propagation. The
maximum pressure rise rates originate due to rapid autoignition burn rates, hence δθAI
reflects the combustion rate after the onset of autoignition and around the maximum
pressure rise rate timing.
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Figure 3.2: Comparison between SACI autoignition characteristic duration (δθAI)
with (top) 25-75% burn duration and (middle) 10-90% burn duration for φ′ = 0.45 -
0.65 mixtures. The bottom figure shows the variation of the mass fraction burned at
the onset of autoignition with δθAI for all experimental points.
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3.2 High Load Limits
The maximum load limits were investigated up to a intake pressure of 150 kPa,
which was the practical boost limit imposed by the hardware configuration. Load
sweeps at constant intake pressures of 100 kPa, 130 kPa and 150 kPa were performed
by trading recirculated exhaust gas (EGR) with fresh air and fuel mass, thereby
increasing the fuel-to-charge equivalence ratio (φ′). The mixture was maintained at
stoichiometry and the temperature at IVC was controlled by varying the ratio of
internal to external EGR. EVC timing was used to vary the internal residual amount
while the external EGR valve was used to regulate eEGR rates. IVO/IVC timings
were held constant at 265/161◦ bTDC, which maximized volumetric efficiency under
the conditions investigated. Spark timing was initially set at 30◦bTDC and TIV C
was modulated so that combustion phasing was targeted at MBT timing, which was
approximately 8 - 12◦ aTDC under the conditions investigated. Intake temperature
was held constant around 45◦ C and engine speed was fixed at 2000 RPM.
As load was increased at every intake pressure higher pressure rise rates were
observed. To alleviate the high pressure rise rates, the charge was cooled by reducing
the internal-to-external EGR ratio and spark timing was advanced. As a result, the
initial flame based heat release increased and the peak heat release rates decreased
while maintaining similar combustion phasing, as described in the studies of Olesky
et al. [89] and Middleton et al. [60]. As spark timing was advanced and the mixture
was cooled down further, higher cycle-to-cycle variability in combustion phasing was
observed. At that point, TIV C was increased marginally and combustion phasing was
retarded by retarding the spark timing until the ringing and stability limits converged.
The stability limit was defined by a coefficient of variation COVNMEP of 4-5% and
the ringing intensity limit used was 5 MW/m2, which corresponded to a maximum
pressure rise rate of approximately 5 MPa/ms under the conditions investigated.
Figure 3.3 show the variation of GMEP and NMEP with φ′ for the 3 load sweeps
at constant intake pressure. The maximum GMEP reached was 615 kPa, 685 kPa and
705 kPa at intake pressures of 100 kPa, 130 kPa and 150 kPa, respectively. Pumping
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mean effective pressure (PMEP), shown in Figure 3.4, increased with higher intake
pressure and φ′. PMEP at the maximum load conditions reached values between 80
- 100 kPa for all intake pressures leading to a significant drop in NMEP values. The
PMEP trends are primarily caused by the phasing of the intake and exhaust valves and
the cam profiles used rather than differences between the intake and exhaust manifold
pressures. The exhaust pressure was maintained at approximately 25 kPa higher than
the intake pressure, which led to an overall turbocharger efficiency of around 25% and
30% for the load sweeps at 1.3 bar and 1.5 bar intake pressure, respectively. Previous
low temperature combustion studies on negative valve overlap (NVO) engines [90–92]
have used symmetric NVO to control the mass of internal residual trapped from
the previous cycle. Symmetric NVO means that the recompression work is gained
back during expansion, except for heat transfer losses during the NVO period. This
leads to minimal pumping losses compared to an asymmetric NVO strategy and
thus improved net thermal efficiency [93, 94]. However, for a fixed cam profile, a
symmetric NVO duration implies that at higher NVO conditions the intake valve
closing (IVC) timing has to be retarded and exhaust valve opening (EVO) timing has
to be advanced. Changes in IVC timing will alter the effective compression ratio and
hence the end of compression temperature and pressure of the charge. Additionally,
the mixture’s temperature and/or compositional stratification at top dead center
may be also altered, which can impact the autoignition rates [20, 95]. In this study,
IVO/IVC timings were held constant in all load sweeps to maintain the effective
compression ratio constant and remove potential effects on the combustion process,
which was the main focus of the current work.
The initial increase in the pumping work with load is observed due to the NVO
duration becoming more and more asymmetric, while the steep increase in pumping
work at the highest φ′ cases for each intake pressure is primarily caused by the ex-
tremely late EVO timing. As load and φ′ increase exhaust temperatures increase and
less internal residual mass is required, which is achieved with a later EVC timing,
as seen in Figure 3.4. This can lead to extremely late EVO timing which causes re-
compression of the gases during the initial part of the exhaust stroke, thus elevating
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the pumping work. More details on the changes in pumping work in the load - φ′
space and its effect on fuel conversion efficiency can be found in Section 3.5. It is
worth noting that the net IMEP results were not optimized in this work. They are
shown here to highlight possible inefficiencies during the breathing process for a fixed
cam profile NVO engine, operating under boosted SACI conditions. Symmetric NVO,
optimal EVO timing across the load range and higher turbocharger efficiencies could
offer significant improvements on a net indicated basis.
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Figure 3.3: Load sweeps at intake pressures ranging from 100 - 150 kPa show-
ing the variation of GMEP (top) and NMEP (bottom) until ringing/stability limits
converged.
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Figure 3.4: Load sweeps at intake pressures ranging from 100 - 150 kPa showing the
variation of PMEP (top) and EVC (bottom) until ringing/stability limits converged.
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3.3 Combustion Phasing Effects
At the maximum load conditions shown in Figure 3.3, the mixture φ′ reached was
0.57, 0.63 and 0.72 at intake pressures of 100 kPa, 130 kPa and 150 kPa, respectively.
At each condition spark timing was advanced and TIV C was decreased in order to
maximize the mass fraction burned at the onset of autoignition and thus minimize
the maximum pressure rise rates. Spark advance was limited due to the cyclic vari-
ability approching 4 - 5% COVNMEP . However, excessive pressure rise rates were
still observed so combustion phasing was retarded primarily by retarding the spark
timing since cooling down the mixture further would lead to excessive cycle-to-cycle
variability. An analysis of cyclic variability effects under SACI conditions where θ50
is much earlier than the late stability limit, can be found in Section 3.4.
Figure 3.5 shows the effect of combustion phasing on the ringing intensity and
maximum pressure rise rate for the maximum load conditions at the three intake
pressures used. As θ50 is retarded, both ringing intensities and pressure rise rates
decrease linearly. In particular, when retarding θ50 from 10 to 13
◦aTDC, ringing
intensity levels exhibit a decrease of 50%, from approximately 10 to 5 MW/m2. The
drop in ringing intensity is primarily due to the decrease in the maximum pressure rise
rate. The combined effect of the drop in maximum cylinder pressure and peak burned
gas temperature also contribute to the rather than changes in Pmax and Tmax that are
used in the ringing intensity calculation. Taking a closer look at the θ50 sweeps at φ
′
= 0.57 and φ′ = 0.63, the mass fraction burned at the onset of autoignition remained
approximately constant, which resulted in a similar estimated end-gas energy at the
onset of autoignition, as shown in Figure 3.6. The drop in peak heat release rate seen
in Figure 3.6, is therefore primarily attributed to the decrease in the autoignition
rate. The peak end-gas burn rate, shown in Figure 3.6, drops by approximately 25%
from θ50 = 10
◦aTDC to θ50 = 13◦ aTDC. Several possible reasons could be causing
the slower end-gas burn rate observed. As θ50 is retarded, the volume expansion
rate at 13◦aTDC is approximately 30% higher than that at 10◦aTDC. The expansion
cooling rate further away from TDC is therefore faster, which should counteract
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the compression heating of the unburned zones post autoignition, thus slowing down
the autoignition cascade. Additionally, as θ50 becomes later, the combustion chamber
volume increases which tends to reduce the temperature and pressure of the unburned
gas, resulting in an overall less reactive mixture. The higher expansion rate and the
larger volume at later θ50 are also expected to contribute to the decrease in the
maximum pressure rise rate observed, based on Equation 3.3.
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Figure 3.5: Effect of combustion phasing retard on coefficient of variation of NMEP
(top), ringing intensity (middle) and maximum pressure rise rate (bottom) at the
maximum load conditions at intake pressures 100 kPa, 130 kPa and 150 kPa.
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Figure 3.6: Effects of combustion phasing retard described by the crank angle 50%
of the representative pressure trace on peak heat release rate (top), peak end-gas burn
rate (middle) and end-gas energy at autoignition onset (bottom) at the maximum load
conditions at intake pressures 100 kPa, 130 kPa and 150 kPa.
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3.4 Cyclic Variability in SACI
One mode of combustion instability in SACI is linked to late mean combustion
phasing, as shown in Figure 3.5 earlier. Retarding combustion phasing to approx-
imately 13◦aTDC at the maximum load conditions was effective at limiting ring-
ing intensity to 5 MW/m2 but combustion stability deteriorated, resulting in high
COVNMEP values. The convergence of the pressure rise rate and stability limits at
the highest load condition is commonly seen in low temperature combustion stud-
ies [20, 96]. At higher loads, the energy released during autoignition typically in-
creases leading to higher pressure rise rates, which are usually alleviated by retarding
autoignition phasing. However, the cylinder volume expansion rate increases during
the first half of the expansion stroke due to crank-slider kinematics. The expansion
cooling rate of the unburned gas thus increases as the piston moves down from TDC,
so the propensity for autoignition drops rapidly for a fuel that exhibits Arrhenius
ignition delay behavior. The late autoignition phasing limit could be extended for
a faster burning mixture or if there is intermediate temperature heat release that
would counteract the temperature decrease from expansion cooling [97–99]. In SACI,
higher heat release rates from the initial flame propagation can also help extend the
late autoignition phasing due to compression heating of the unburned mixture. On the
contrary, turbulent stoichiometric flames in modern SI engines with low dilution lev-
els can propagate late into the power stroke, so much later mean combustion phasing
(θ50 ≈ 29◦aTDC) can be achieved without torque output variability problems [100].
Under relatively high φ′ conditions (e.g. φ′ ≈ 0.6 - 0.7), SACI combustion can
exhibit high cyclic variability even though mean autoignition phasing is close or even
earlier than the optimal timing for maximum work extraction (e.g. θAI ≈ 7◦aTDC).
Experiments were performed to investigate the effect of advancing the spark timing
and reducing the mixture temperature on cyclic variability, while maintaining approx-
imately constant θ50. The autoignition timing was held constant near 7
◦aTDC while
composition was fixed (φ =1, φ′ = 0.63), engine speed and intake pressure was fixed.
Similar observations to the ones discussed in this section were observed for a range
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of intake pressure conditions primarily at high φ′ mixtures. The temperature at IVC
was controlled by making small adjustments to the fraction of internal to external
EGR rates. Cyclic variability is described using both the standard deviation of θ50
and COVNMEP . It can be seen in Figure 3.7 that advancing spark timing and reduc-
ing the mixture temperature leads to increased mass fraction burned at the onset of
autoignition, while autoignition timing remains constant. This behavior is consistent
with previous work [60, 89] which showed that the higher flame based heat release
provided the additional compression heating for the cooler mixture to autoignite at
constant timing. However, as spark timing is advanced the standard deviation in θ50
increases linearly, nearly doubling from SA = 27 - 40◦bTDC. The increase in σθ50 has
no effect on COVNMEP initially, which remains low around 1%. As σθ50 increases
above 3 CAD, COVNMEP increases rapidly exceeding 3%, as shown in Figure 3.8.
The rapid increase in COVNMEP close to the stability limit was commonly observed
during the experiments conducted. In a multi-cylinder engine configuration, fine con-
trol of θAI across all cylinders is challenging, so combustion can become uncontrollable
even faster near the stability limit.
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Figure 3.7: Variation of mass fraction burned at autoignition onset (top), temper-
ature at IVC (middle) as spark timing is advanced at constant autoignition phasing
and composition. Effects of earlier spark timing and lower unburned gas temperature
on standard deviation of θ50 (bottom).
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Figure 3.8: Variation of COV of NMEP with standard deviation of θ50 for the results
presented in Figure 3.7.
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A closer look at individual cycles of unstable operating conditions revealed that
high COV NMEP occurs due to very few cycles exhibiting very low gross cyclic work
rather than a larger spread in work output between the cycles. Very late autoignition
cycles (θAI > 15
◦aTDC) or non autoigniting cycles resulted in reduced cycle work
output by 50% or more at times. As the count of those cycles increases, the impact on
gross IMEP reduction is significant, which explains the rapid increase in COV IMEP
observed.
All 300 cycles were analyzed to investigate the causes of the large variability in
combustion phasing that eventually leads to high COV IMEP. Figure 3.9 shows cyclic
heat release results for an operating condition close to the stability limit (COV IMEP
> 3%) with high variability in combustion phasing (σθ50 ≈ 4 CAD). A clear correlation
can be seen between θ02 and θAI , where a delay in θ02 leads to an almost equivalent
delay in θAI . The 50% mass fraction burned timing (θ50) closely follows θAI due to the
rapid autoignition rates unless autoignition phasing is very late, as seen for 2 very late
cycles in Figure 3.9a. Figure 3.9b shows net heat release profiles for 3 representative
cycles at early, normal and late combustion phasing. The timings of 2% mass fraction
burned, autoignition and 50% burned are highlighted for each cycle. It is apparent
that variability in autoignition timing is already determined by θ02, suggesting that
variability is introduced in processes prior to θ02. Experiments with a dual coil offset
ignition system [101] providing up to 1 J of ignition energy on the secondary coil
under those conditions had negligible effect on the cyclic variability in combustion
phasing. The variability is likely introduced due to flow-flame interactions in the
early kernel growth period as discussed in the work by Reuss et al. [32], even though
their work focused on stratified mixtures. Cycles that exhibit faster transition from
the spark discharge time to θ02, exhibit higher flame heat release rates leading to an
earlier autoignition timing and vice versa. As a result, the mass fraction burned at
the onset of autoignition is fairly constant for the 300 cycles even though θAI spans
from 0 - 10◦ aTDC, as shown in the middle of Figure 3.10.
Figure 3.10 shows the peak heat release results (top), peak autoignition burn rate
results (middle) and P , TU values at the onset of autoignition (bottom) for all 300
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cycles as a function θAI . The peak heat release rate is negatively correlated to θAI ,
similarly to results presented in Section 3.3. Since the end-gas energy is approximately
constant, the drop in peak heat release rate with later θAI is due to an equivalent
drop in autoignition burn rate. The slower end-gas autoignition rate observed with
later θAI is likely due to several reasons. At later θAI , the mean mixture reactivity
is expected to be lower due to lower unburned temperature and pressure, as seen
in Figure 3.10. Later autoignition cycles are also likely to have developed greater
thermal stratification as demonstrated in the planar imaging thermometry studies by
Dronniou and Dec [102]. Additionally, the faster expansion cooling rate at retarded
θAI is expected to slow down the autoignition cascade as discussed in Section 3.3.
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(a)
(b)
Figure 3.9: Cyclic heat release results (300 cycles) for an operating condition shown
in Figure 3.7 with high variability in combustion phasing (COVNMEP > 3%). (a)
Trends in timings of end-gas autoignition (θAI) and 50% mass fraction fuel burned
(θ50) as a function of 2% mass fraction of fuel burned (θ02). (b) Heat release profiles
for 3 cycles at early, close to representative and late combustion phasing.
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Figure 3.10: Cyclic heat release results (300 cycles) for an operating condition shown
in Figure 3.7 with high variability in combustion phasing, close to the stability limit
(COVNMEP ≈ 3-4%). (Top) Cyclic peak heat release and peak autoignition burn
rate results, (middle) mass fraction burned at the estimated onset of autoignition
and (bottom) variation of cycle estimated unburned gas temperature and pressure at
the onset of autoignition as a function of end-gas autoignition phasing.
80
When the cyclic variability analysis was extended to other operating conditions, a
correlation was observed between the mass fraction burned at the onset of autoignition
for the representative cycles (xB, θAI ) and σθ50 at each operating condition, as shown
Figure 3.11. The experimental data points plotted in Figure 3.11 correspond to 952
operating conditions at approximately constant combustion phasing (θ50 ≈ 9◦aTDC),
while intake pressure varies from 68 - 150 kPa, φ′ varies from 0.45 - 0.81 and spark
advance varies from 51 - 9◦ bTDC. The almost proportional relationship between
xB, θAI and σθ50 suggests that, while combustion phasing is near optimum for work
extraction, variability in θ50 is a function of the mass fraction burned at the onset of
autoignition.
A possible explanation for this behavior, is that the initial variability in flame
development gets amplified when the representative mass fraction burned at the on-
set of autoignition increases. For low xB, θAI cases, the compression heating effect of
the initial flame development on the autoignition timing is minimal, and autoignition
timing is primarily determined by the compression heating due to the piston move-
ment. On the other hand, for high xB, θAI cases the additional compression heating
from the advancing flame is needed to trigger end-gas autoignition. Any variability
in the initial flame development will thus have a greater impact for high xB, θAI cases,
where the role of the flame compression heating to trigger end-gas autoignition is
more important. While there are limited experimental data at xB, θAI > 0.4, a de-
crease in σθ50 can be observed for 4 operating conditions. These cases correspond
to the lowest EGR dilute mixtures at φ′ ≈ 0.80. It is likely that, under those very
low EGR dilution conditions, the initial flame burn rates are high enough that the
variability in the initial flame development is greatly reduced, thereby leading to a
more repeatable onset of end-gas autoignition.
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Figure 3.11: Variation of standard deviation of θ50 as a function of mass fraction
burned at the onset of autoignition for the mean of the representative cycles at each
operating condition. The data points correspond to 952 operating conditions at 2000
RPM, TINT = 45
◦C, θ50 ≈ 9◦aTDC, φ ≈ 1, 0.45 < φ′ < 0.81, 51 < SA < 9◦bTDC
and 68 < PINT < 150 kPa.
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3.5 Efficiency and Emissions
In boosted SACI combustion, a specific load condition can achieved by different
combinations of intake pressure and φ′. To demonstrate the trends in indicated ef-
ficiencies and emissions in the load-φ′ operating map, results from two experimental
approaches are presented in this section, First, φ′ was varied at constant fuel energy
input which resulted in approximately constant load, and second, load was increased
at constant composition. Engine speed was kept constant at 2000 RPM and combus-
tion phasing was maintained near the optimal timing for work extraction (θ50 ≈ 9◦
aTDC) unless excessive ringing was observed where combustion was retarded until
the ringing/stability limits converged.
3.5.1 Experiments at Constant Fuel Energy Input and Increasing Dilu-
tion using Boost Pressure
Figure 3.12 shows the variation of fuel indicated conversion efficiencies with respect
to fuel-to-charge equivance ratio (φ′) at constant fuel energy input of 15 mg per
cycle per cylinder, which resulted in a load of approximately 5.2 bar GMEP. Fuel
conversion efficiency is computed by the product of combustion efficiency and thermal
efficiency. Efficiency results are shown in both gross (compression and power strokes)
and net (compression, power and gas exchange strokes) bases. A decrease in φ′
from 0.75 to 0.45 resulted in a gross fuel conversion efficiency improvement from
around 38% to 41%, namely an increase of 3 absolute efficiency points or an 8%
increase on a relative basis. The improvement in gross fuel conversion efficiency can
be attributed to the increase in the specific heat ratio during expansion for the lower
φ′ mixtures, as seen in Figure 3.13. Favorable mixture properties and lower burned
gas tempeartures led to better specific heat ratio of the mixture during expansion.
Emissions indices for hydrocarbon and carbon monoxide were calculated at around
15 g/kg-fuel and 23 g/kg-fuel, respectively, for all cases. As a result, combustion
efficiencies were fairly constant and consistently high for all experiments at around
98%, as seen in Figure 3.12. The estimated heat transfer loss fraction during the closed
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portion of the cycle remained approximately constant during the φ′ sweep, although
combustion temperatures were significantly lower as φ′ decreased. Since load was
maintained constant, the increased EGR dilution of lower φ′ mixtures was associated
with higher intake pressures and higher charge mass. Looking at the terms of the
Woschni expression for heat transfer, the higher charge mass of lower φ′ mixtures is
likely offsetting the effect of reduced expansion temperature on heat transfer losses
to the cylinder walls, keeping the total heat transfer loss approximately constant.
Figure 3.12 shows the variation of pumping mean effective pressure with changes
in φ′. While PMEP is constant at low φ′ mixtures, it starts increasing exponentially
at φ′ of 0.65 and above, even though the manifold pressure differential between intake
and exhaust was kept approximately constant at 25 kPa. Taking a closer look at the
pumping loop of the two extreme φ′ conditions in Figure 3.14, it can be seen that the
EVO timing for the high φ′ case is after BDC of expansion. The extremely late EVO
timing is initially restricting the exhaust flow leading to higher pressure during the ex-
haust stroke and therefore elevated pumping work. The late EVO timing of the high
φ′ is a result of the late EVC timing due to the lower internal EGR requirement under
that operating condition. Figure 3.15 shows the variation of internal, external and
total EGR fraction for the experiments in this study. Note that intake temperature is
maintained constant for all results shown at approximately 45◦ C. Higher φ′ mixtures
require less internal residual compared to lower φ′ mixtures, as the exhaust temper-
atures are higher and the IVC temperatures needed to match combustion phasing
are lower. The resulting ratio of internal (iEGR) to total EGR (tEGR) remains ap-
proximately constant around 0.75 for all experiments. More details on the unburned
gas temperature requirements as a function of φ′ can be also found in Section 5.3.
Figure 3.15 shows the NOx emission index results for this set of experiments, which
follow an exponential trend as φ′ increases. The increase in NOx emissions is most
likely observed due to the increase in burned gas temperatures associated with higher
φ′ mixtures. As the mixture is kept at stoichiometry, the NOx emissions could be
treated using a three-way catalyst even at low exhaust temperatures relevant to SACI
conditions [103].
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Figure 3.12: Variation of indicated fuel conversion efficiencies (top), combustion
efficiency and heat transfer loss fraction estimates during the closed portion of the
cycle (middle), and pumping mean effective pressure (bottom) as a function of φ′ at
constant fuel energy input.
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Figure 3.13: Variation of mass averaged gas temperature (top) and mean specific
heat ratio of the mixture (bottom) during the close portion of the cycle as a function
of φ′ at constant fuel energy input.
Figure 3.14: Pumping loop comparison for the two extreme φ′ cases shown in Figure
3.12 highlighting the pumping work penalty for the high φ′ case due to late EVO/EVC
timing and asymmetric NVO.
86
Figure 3.15: Effect of fuel to charge equivalence ratio on EGR fraction requirements
(top) and emission index of NOx (bottom). Total EGR (tEGR) in the cylinder is
decomposed to internally recirculated EGR (iEGR) and externally recirculated EGR
(eEGR).
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3.5.2 Experiments at Constant Composition and Increasing Load using
Intake Boost
In the second set of experiments φ′ was fixed at approximately 0.55 and load
was increased at constant engine speed of 2000 RPM by increasing the intake pres-
sure. Combustion phasing was maintained at MBT timing until the ringing limit was
reached, at which point combustion phasing was retarded until ringing and stability
limits converged. Figure 3.16 shows the variation of indicated fuel conversion efficien-
cies as a function of load. Increasing the load from 300 kPa to 700 kPa resulted in
a gross fuel conversion efficiency improvement of 4 absolute percentage points or an
11% increase on a relative basis. The efficiency improvements on a gross basis arise
primarily from the reduced relative heat transfer loss at increased charge density,
as suggested by the heat transfer loss estimates shown in Figure 3.16. A decrease
in both carbon monoxide and hydrocarbon emissions was also observed as load was
increased. The improvement in combustion efficiency from 96.5% to 98.5%, shown in
Figure 3.16, also contributed to the overall gains in fuel conversion efficiency. Nitro-
gen oxide emissions were approximately constant at around 1.4 g/kg-fuel likely due to
the similar maximum cylinder temperatures as composition and combustion phasing
were kept approximately constant.
The ringing limit was reached at around 600 kPa GMEP, so combustion phasing
was retarded until around 700 kPa load where ringing and stability limits converged.
A detailed analysis of the causes leading to the excessive ringing under boosted condi-
tions is presented in Chapter IV. The gross fuel conversion efficiency curve flattens at
700 kPa due to lower expansion work associated with late, non-optimal combustion
phasing. The net fuel conversion efficiency curve follows a similar increasing trend
initially but flattens earlier at around 600 kPa, beyond which it starts decreasing. The
net fuel conversion efficiency gains initially are not as pronounced as those observed
on a gross indicated basis due to changes in pumping work. While the pressure dif-
ferential between the intake and exhaust manifolds was kept approximately constant
around 25 kPa, the pumping work increases with increasing load. It can be seen in
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Figure 3.17 that the pumping mean effective pressure is initially constant at low loads
but increases almost exponentially as load increases. This trend in PMEP is caused
by the reduced internal EGR mass requirement at higher load conditions. As the load
increases at fixed composition, intake pressure increases almost proportionally which
increases the reactivity of the mixture. The temperature of the charge at intake valve
timing has to therefore decrease to maintain combustion phasing constant. Figure
3.17 shows how internal EGR is being traded for cooled external EGR as load is
increased and intake temperature is held constant at 45◦C.
A closer look at the pumping loop for the two extreme cases, shown in Figure
3.18, depicts an inefficient blowdown process for the high load case due to late EVO
timing. Higher than expected cylinder pressure is observed during the start of the
exhaust stroke, resulting in elevated pumping work. A similar trend in PMEP was
observed for the high φ′ cases presented in the previous section. The need to control
combustion phasing using the residual gas fraction means that the EVC/EVO timing
may not be ideal for a single cam profile if the load range is sufficiently large. Longer
duration exhaust valve profiles would improve the blowdown process for low NVO
conditions but may lead to reduced expansion work for high NVO conditions due to
very early EVO timing. A tradeoff between low expansion work and poor exhaust
blowdown is expected for a fixed cam profile SACI engine which only uses NVO
duration to control the charge temperature at start of compression and ultimately
combustion phasing.
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Figure 3.16: Variation of indicated fuel conversion efficiencies (top), combustion
efficiency and heat transfer loss fraction estimates during the closed portion of the
cycle (middle), and hydrocarbon and carbon monoxide emission indices (bottom) as
a function of GMEP at constant composition and θ50.
90
Figure 3.17: Variation of total, internal and external EGR mass fractions (top) and
PMEP (bottom) as a function of GMEP at constant composition and θ50.
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Figure 3.18: Pumping loop comparison for the two extreme GMEP cases shown in
Figure 3.16 highlighting the pumping work penalty for the high GMEP case due to
late EVO/EVC timing and asymmetric NVO.
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3.6 Impact of Engine Speed on SACI Combustion Rates
The role of turbulence on premixed combustion rates has been well documented in
the literature. The in-cylinder flow in internal combustion engines is highly turbulent
and turbulence wrinkles the flame front, thereby increasing its surface-to-volume ratio
[104]. A larger flame surface area in turn leads to higher burning velocities. The TDC
turbulent intensity has been shown to approximately scale with mean piston speed
[105], which scales with engine speed for a constant stroke length. Persson et al. [106]
demonstrated faster early flame expansion speeds in SACI by increasing turbulence
levels through higher swirling motion using inlet valve deactivation. However, a
careful investigation of the effect of engine speed on SACI heat release rates and the
tradeoff between flame propagation and autoignition is still missing in the literature.
Controlled experiments were designed to investigate the effect of engine speed on
SACI combustion rates at high EGR dilution levels. The fueling rate per cycle,
mixture composition, intake temperature, autoignition timing and spark timing were
maintained constant. As engine speed was increased from 1500 to 2500 RPM, intake
pressure was slightly increased (≈4 kPa) to maintain stoichiometry and φ′ = 0.64
partly due to higher flow frictional losses. Since spark timing was held constant,
small adjustments to the ratio of internal to external EGR were made to adjust the
temperature of the charge at IVC, in order to target autoignition at 7◦aTDC. Spark
timing was fixed at 35.5◦bTDC and intake valve timings were constant. The details
of the experimental conditions can be seen in Table 3.1.
Figure 3.19 shows the effect of engine speed on cylinder pressure, unburned gas
temperature and heat release rate. Higher engine speed cases exhibit higher temper-
ature at IVC by approximately 60K, a difference which continues until the onset of
autoignition. The unburned gas temperature increase can be explained by the fact
that shorter ignition delay are needed at higher engine speeds to maintain autoigni-
tion timing constant. Since temperature at IVC is higher and fuel energy per cycle
is constant, a small increase in intake pressure (≈ 4%) is needed at higher engine
speeds to match the volumetric efficiency and thus composition at IVC among all
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cases. This small change in intake pressure is depicted in the cylinder pressure traces.
The overall effect of engine speed on the heat release profiles is minor on a crank angle
basis. The initial flame based heat release rates are similar between the cases and
peak heat release rates vary by less than 4%. However, on a time basis the peak heat
release rates and maximum pressure rise rates scale with engine speed, as shown in
Table 3.1. As a result, ringing intensity increases from 2.6 to 6.5 MW/m2, exceeding
the ringing limit. Under the conditions investigated, RI scales with the time based
maximum pressure rise rate to the power of 2, so the increase in RI is much more
pronounced. A similar experiment was performed at φ′ = 0.55, which agreed with the
behavior discussed above and has not been included here for clarity. The maximum
GMEP at 1500 RPM, was therefore expanded to approximately 780 kPa at PINT =
150 kPa and φ′ = 0.61, where maximum pressure rise rate and ringing intensity and
COVNMEP were 7.1 bar/cad, 5.8 MW/m
2 and 2.5%, respectively.
Parameter Case1 Case 2 Case 3
Fuel mass injected [mg/cycle/cyl] 15.2
Intake temperature [◦C] 45
Start of injection [◦aTDC] -330
Intake valve opening/closing timing [◦aTDC] -265 / -161
Spark timing [◦aTDC] -35.5
Autoignition timing [◦aTDC] 7
Fuel injection pressure [MPa] 7
Engine speed [RPM] 1500 2000 2500
Intake pressure [bar] 0.98 1.01 1.02
Fuel-to-air equivalence ratio, φ [-] 1.00 0.99 0.99
Fuel-to-charge equivalence ratio, φ′ [-] 0.65 0.64 0.64
Combustion phasing, θ50 [
◦aTDC] 9.8 9.2 8.9
Internal EGR mass fraction [-] 0.27 0.26 0.25
External EGR mass fraction [-] 0.08 0.10 0.11
Maximum pressure rise rate [bar/deg] 3.8 3.9 3.7
Maximum pressure rise rate, [MPa/ms] 3.5 4.7 5.5
Ringing intensity, [MW/m2] 2.6 4.7 6.5
Table 3.1: Experimental conditions for the engine speed study at φ′ ≈ 0.65, constant
intake manifold temperature, spark advance, fuel mass injected per cycle and end-gas
autoignition timing.
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Figure 3.19: Effect of engine speed on cylinder pressure (top), unburned gas temper-
ature evolution (middle) and gross heat release rate (bottom) at constant composition,
load and end-gas autoignition timing.
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3.7 Effects of Fuel Injection Timing and Fuel Pressure on
SACI Heat Release
Fuel injection during the negative valve overlap period under high temperature,
low oxygen conditions has been shown to produce considerable concentrations of fuel
reformed species (H2, CO, CH4) under stoichiometric conditions with 20% EGR di-
lution [107]. The concentration of the reformed H2 was observed to correlate with
the time-temperature integral, meaning that higher temperatures and earlier injec-
tion timings (i.e. longer residence time) both promoted the reforming reactions. In
SI combustion, hydrogen and CO reformates have been successfully used to increase
the EGR dilution tolerance [108–110]. One of the reasons for the benefits observed
is related to the higher flame front propagation rates linked to the use of hydro-
gen. In SACI, faster initial flame burn rates driven by sufficient concentrations of
hydrogen reformate could extend high load limit by reducing the end-gas absolute
energy content as well as end-gas burn rates. To test this hypothesis, start of injec-
tion timing was varied from 420◦bTDC to 270◦bTDC while fixing fueling rate, intake
temperature, intake valve timing and spark timing. As SOI was varied, small vari-
ations in combustion phasing were observed, even though all other actuators were
held constant. This observation is consistent with previous work, where SOI timing
has been used as a fine control knob for HCCI combustion phasing [111, 112]. Even
if there is no heat released/absorbed due to chemical reactions during NVO, the fuel
injection event will reduce the specific heat ratio of the mixture, which will affect
the temperature change during the re-compression event and eventually the mixture
temperature at IVC timing. Changes in EVC timing up to 4 CAD were required to
match combustion phasing for all cases when SOI was changed from 420◦bTDC to
270◦bTDC. The earliest injection timing in this study was limited by the EVC timing.
Any further advancement in SOI timing than 420◦bTDC was avoided to ensure that
no fuel escapes the combustion chamber through the exhaust valves prior to the main
combustion event.
Figure 3.20 displays the heat release rate curves for all experimental conditions at
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similar combustion phasing. It can be seen that varying the start of injection timing
has minimal impact on the heat release profile, once combustion phasing is matched.
The initial slow heat release curves overlap with each other resulting in a similar mass
fraction burned at the onset of autoignition. The autoignition heat release profiles are
also very similar as a function of SOI. Peak heat release rates from two experimental
sets at φ′ = 0.55 and φ′ = 0.65 are plotted as a function of SOI in Figure 3.21, which
displays minimal changes in peak heat release rate for both φ′ due to changes in SOI
timing. Under the conditions investigated, the variation of injection timing and in-
cylinder fuel reforming, if any, during NVO has negligible impact on the SACI heat
release rates.
Direct injection (DI) of fuel into the cylinder early into the intake stroke was used
for all the results presented in this work, with aim to achieve a nearly homogeneous
mixture. Fuel stratification of the mixture near the spark plug or during autoignition
has been observed to influence the heat release rate in low temperature combustion
[113–115]. To investigate the effect of fuel pressure on heat release profile and assess
the homogeneity of the mixture for early DI experiments, fuel injection pressure was
varied from 70 bar to 150 bar at a commonly visited operating condition. Spark
timing was set at 40◦ bTDC which was used for many of the data presented in this
thesis. The mixture was kept at stoichiometry and φ′ was fixed at 0.55. Figure 3.22
displays the heat release rate curves for three cases at 70 bar, 110 bar and 150 bar
injection pressure. It can be observed that minimal changes in the SACI heat release
rate were observed by doubling the fuel injection pressure, suggesting that, under the
conditions investigated, fuel stratification, if any, due to the direct injection of fuel
early in the intake stroke has negligible impart on the SACI heat release rates.
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Figure 3.20: Effect of fuel injection timing on SACI heat release at constant com-
bustion phasing and spark timing.
Figure 3.21: End-gas energy and burn rate effects on maximum pressure rise rate
for the φ′ = 0.55 intake pressure sweep.
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Figure 3.22: Effect of fuel pressure on SACI heat release rates at stoichiometric
conditions, φ′=0.55, constant spark advance and constant combustion phasing.
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3.8 Summary
An analytical approach starting from the conservation of energy for a closed sys-
tem was used to better understand the maximum pressure rise rate conditions in
SACI. It was shown that the maximum pressure rise rate should be approximately
proportional to the end-gas energy at the onset of autoignition and inversely pro-
portional to an autoignition characteristic duration (δθAI), assuming that there is an
orderly transition from flame propagation to autoignition and maximum pressure rise
rate phasing is constant. The autoignition characteristic duration was defined as the
ratio of the estimated end-gas energy released during autoignition to the peak gross
heat release rate, which were derived from the pressure-based heat release analysis.
The typical 10 - 90% and 25 - 75% global burn durations did not always scale with
δθAI due to variations in the flame and autoignition burn fractions. The global burn
durations were thus not appropriate to describe the SACI autoignition rate, which
causes the excessive pressure rise rates observed at high loads.
Load sweeps were performed at 2000 RPM and constant intake pressures up to
150 kPa by increasing φ′ while maintaining stoichiometric conditions. The maximum
intake pressure was limited to 150 kPa due to the hardware configuration. At 2000
RPM, the maximum GMEP of 705 kPa was reached at an intake pressure of 150 kPa
and a φ′ = 0.57, where the ringing and stability limits converged. At the maximum
load condition, a combustion phasing (θ50) retard from 10
◦aTDC to 13◦aTDC resulted
in a 50% decrease in ringing intensity, which was primarily due to a decrease in the
maximum pressure rise rate in the cycle. The significant decrease in the maximum
pressure rise rate was observed primarily due to a slower autoignition burn rate but
also due to the higher volume expansion rate at later θ50.
A gross fuel conversion efficiency improvement of approximately 3% absolute (8%
relative) was demonstrated for an approximately constant load condition by reducing
φ′ from 0.75 to 0.45 at optimal combustion phasing. The gross efficiency benefits were
primarily attributed to better thermodynamic properties of the diluted mixture. An
increase in load from 300 kPa to 700 kPa GMEP at constant composition (φ = 1, φ′
100
= 0.55) and θ50 led to an efficiency improvement of approximately 4% absolute (10%
relative), which was explained by an equivalent drop in the estimated heat transfer
losses. For the given valvetrain design and operation used in work, high pumping
work was observed under high φ′ and/or high load conditions primarily due to late
EVO timing but also due to asymmetric NVO. Lower internal EGR requirements
under those conditions led to later EVO/EVC timing, which caused an inefficient
blowdown process. While these trends are dependent on valvetrain design and charge
preheating method, they highlight potential inefficiencies in the breathing process for
a fixed cam profile NVO engine operating under a large load range within SACI.
Higher cyclic variability in combustion phasing (σθ50) was observed when the mix-
ture was ignited earlier in the compression stroke and the IVC temperatures were
decreased, even though mean combustion phasing was near optimal timing (θ50 =
9.7◦ aTDC). The increase in σθ50 eventually led to a rapid increase in COVNMEP val-
ues due to very few cycles exhibiting very late/slow autoignition or no autoignition at
all. The variability in θ50 was driven by the variability in autoignition timing, which in
turn correlated well with θ02. Under the conditions investigated, the cyclic variability
was attributed to variability in the time between the spark discharge and measure-
able heat release from the pressure trace. It was shown that high cyclic variability
in autoignition timing can also lead to excessive peak heat release rate cycles due to
faster end-gas autoignition close to TDC, where cylinder volume is smaller, volume
expansion rates are lower and the mixture pressure and temperature are higher.
The effect of engine speed on SACI heat release was investigated at constant com-
position, fueling rate per cycle, autoignition timing and spark timing. Increasing
engine speed from 1500 RPM to 2500 RPM necessitated higher unburned gas tem-
perature by approximately 60K to match autoignition timing. The overall effect of
engine speed on the heat release rate was negligible on a crank angle basis. How-
ever, maximum pressure rise rates scaled with engine speed on a time basis leading
to excessive ringing intensity at 2500 RPM under the conditions investigated. This
allowed an increase in the high load limit to approximately 780 kPa GMEP at 1500
RPM, PINT = 150 kPa and φ
′ = 0.61.
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CHAPTER IV
Boost Pressure Effects on SACI Burn Rates
4.1 Background and Experimental Objective
A number of reasons motivate the need to investigate the effect of boosting on
SACI combustion. In the context of efficient combustion, boosting has been com-
monly used in the past decade to increase the specific power output of the conven-
tional spark ignition engine in order to leverage the thermal efficiency benefits from
downsizing and downspeeding [3, 116, 117]. These efficiency benefits arise primarily
from de-throttling, reduced relative heat transfer and increased mechanical efficiency.
In naturally-aspirated SACI combustion, the engine can be operated unthrottled and
load control can be achieved by modulating the levels of dilution [6, 56, 118], hence
efficiency benefits due to de-throttling would not be applicable under the boosted
SACI regime. However, the effects of reduced relative heat transfer losses and im-
proved mechanical efficiency could still offer potential efficiency gains. Boosted SACI
operation can also work synergistically with boosted SI in a multi-mode combustion
engine, which is very relevant due to the recent trend with downsized-boosted spark
ignition engines [8, 119, 120]. Furthermore, previous experimental studies on natu-
rally aspirated SACI have shown that EGR dilution levels between of 30 - 60% can
be used effectively, offering gross thermal efficiency improvements from dilution, as
described in detail in section 1.3.3. However, increasing the engine load at unthrottled
conditions implies that EGR mass has to be displaced by fuel and air masses, thus
limiting EGR dilution levels. As a result, the efficiency gains from low temperature
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combustion diminish and fuel-to-charge equivalence ratios reach values where EGR
dilute SI combustion could be employed without the combustion control complexities
associated with SACI [46]. Boosting can thus be used to maintain the high EGR
dilution levels and the associated thermodynamic benefits, while increasing the load.
In section 3.2, it was shown that the maximum load under boosted SACI com-
bustion is limited due to excessive pressure rise rates. There is a need to get a better
understanding of the effect of pressure on the SACI combustion process, particularly
the underlying processes that lead to excessive pressure rise rates. The effect of intake
pressure on the hybrid combustion mode of SACI has yet to be investigated exper-
imentally. The complex nature of SACI combustion coupled with the complexity of
the mutually dependent influences of the large number of different operation param-
eters in a real engine makes this a challenging task. The objective of the experiments
in this study is to isolate the effect of pressure on the SACI combustion process from
other effects such as combustion phasing, EGR dilution, fuel-to-air equivalence ratio,
mass fraction burned at the onset of autoigntion and effective compression ratio. A
detailed analysis of the experimental data is conducted to understand the effect of
pressure on the resulting onset of autoignition, the tradeoff between the deflagrative
and auto-ignition heat release rates, the peak heat release rate that ultimately deter-
mine the peak pressure rise rates in every cycle. A better understanding of the effect
of pressure on SACI can then navigate the efforts for extension of the load limit and
hence the potential for further thermal efficiency gains.
103
4.2 Experimental Approach
In this study SACI experiments were performed at increasing intake pressure,
while maintaining a fixed mixture composition. As intake pressure was increased, the
masses of fuel, air and EGR were increased at the same rate, therofore increasing the
charge density but maintaining a constant composition. The fuel-to-air equivalence
ratio, φ, of the mixture was maintained at stoichiometry and dilution was achieved by
a mixture of internal and external EGR. The composition of EGR was fixed as fuel-
to-air equivalence ratio was maintained constant. Fuel-to-charge equivalence ratio, φ′,
was fixed at 0.55, where SACI has been shown to be effective under naturally aspirated
conditions [56]. A schematic showing the cylinder constituents at increasing intake
pressure is shown in Figure 4.1.
=0.55
EGR
AIR
FUEL
Increasing pressure
FUEL
AIR
EGR
=0.55
=1
=1
Figure 4.1: Schematic showing the breakdown of the cylinder mass constituents
during the boost pressure experiment at φ′ = 0.55. Total column height represents
the sum of the masses of the constituents (not to scale)
To remove the effect of effective compression ratio and since the burn rates during
the main combustion event are of interest in this study, intake valve opening/closing
(IVO/IVC) timings were fixed at 265/161◦bTDC, respectively. Spark advance was
fixed at 40.5◦bTDC. Exhaust valve closing (EVC) timing was adjusted to vary the
mass of internal EGR trapped from the previous cycle. As a result, the mean tem-
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Figure 4.2: Experimental conditions for the φ′ = 0.55 boost pressure experiment
shown on a load-φ′ diagram. Constant intake pressure lines are best fit lines from
SACI experimental data collected in this work.
perature of the mixture at intake valve closing (IVC) was adjusted to maintain the
crank angle at 50% fuel mass burned (θ50) at around 9
◦aTDC, which is at the optimal
efficiency for the particular engine under the conditions investigated. The backpres-
sure valve was adjusted to maintain an exhaust pressure close to 0.2 bar higher than
intake pressure to drive the required external EGR rates. This resulted in a modest
but realistic overall turbocharger efficiency around 25 - 30%. The detailed values of
the experimental conditions for this study are listed in Table 4.1.
Figure 4.2 shows the experimental conditions on a load (i.e. GMEP) against
EGR dilution (i.e. φ′) diagram to demonstrate the experimental approach. Constant
intake pressure lines for φ′ ranging from 0.3 to 0.8 are overlaid on the GMEP-φ′ graph
by fitting experimental results at similar combustion phasing (θ50 ≈ 9◦aTDC). The
exact GMEP at each φ′ is primarily determined by the volumetric efficiency at each
operating condition which will be primarily a function of the gas temperature at IVC.
At each intake pressure level, the temperature at IVC will in turn be determined by
the parameters that will ensure that autoignition of the mixture will occur near TDC
such as effective compression and fuel properties. The use of a higher compression
ratio engine or a more reactive fuel is expected to shift the constant intake pressure
lines upwards as the IVC temperature would decrease and hence volumetric efficiency
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would increase.
Table 4.1: Experimental conditions for the SACI boost pressure experiment at fuel-
to-charge equivalence of 0.55 and constant intake temperature1.
Parameter Case1 Case 2 Case 3 Case 4
Engine speed [RPM] 2000
Spark timing [◦aTDC] -40.5
Start of injection [◦aTDC] -330
Intake valve opening/closing Timing [◦aTDC] -265 / -161
Fuel injection pressure [bar] 70
Fuel flow rate [mg/cycle/cylinder] 9.4 12.3 16.0 19.9
Combustion phasing, θ50 [
◦aTDC] 9.6 9.5 9.3 9.8
Fuel-to-air equivalence ratio, φ [-] 0.99 0.99 1.00 0.99
Fuel-to-charge equivalence ratio, φ′ [-] 0.55 0.56 0.55 0.56
Intake pressure [bar] 0.80 1.00 1.30 1.51
Exhaust pressure [bar] 1.05 1.15 1.51 1.75
Internal EGR mass fraction [-] 0.43 0.36 0.32 0.27
External EGR mass fraction [-] 0.02 0.08 0.13 0.17
Exhaust valve opening timing [◦aTDC] 174 177 183 193
Exhaust valve closing timing [◦aTDC] 278 281 287 297
1All timings are referenced to combustion TDC. Valve timings are defined at 0.2 mm opening.
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4.3 Effect of Boost Pressure on SACI Heat Release
Figure 4.3 displays the cylinder pressure curves for all 4 experimental cases. Dur-
ing the intake boost sweep from 80 - 150 kPa, GMEP increases from 299 kPa to 700
kPa, while cylinder pressure close to autoignition increases from approximately 20
bar to 40 bar. Figure 4.4a shows the variation of internal and external EGR during
the intake pressure sweep. As intake pressure is increased at constant composition
and intake temperature, high temperature internally recirculated EGR (iEGR) is be-
ing traded for low temperature externally recirculated EGR (eEGR) to maintain the
total EGR fraction constant. The reactivity of the mixture increases with higher
pressure and therefore less high temperature internal residual is required to maintain
a constant θ50. As seen in Figure 4.4b, at the maximum intake pressure of 150 kPa
excessive pressure rise rates were observed reaching 6 bar/cad, which corresponded
to a ringing intensity of approximately 8 MW/m2.
Figure 4.5 displays from top to bottom global heat release rate curves, burn rate
curves and cumulative heat release curves. Rate of heat release plots depict a sig-
nificant increase in peak rate of heat release with increasing intake pressure. As the
intake pressure increases from 80 kPa to 150 kPa, peak heat release rate increases
from approximately 39 J/cad to 154 J/cad. Looking at the initial slow heat release
phase, there is a higher amount of energy being release by the propagating flame at
increasing intake pressure. The total mass and, hence, total energy of the mixture
increases with higher intake pressure, so the increase in absolute energy release is
expected due to a higher mass burning flux. When normalizing the heat release rate
by the total heat released for each case, the initial burn rates collapse with each other
indicating a similar burn rate until autoignition. However, the peak burn rate during
the end-gas autoignition phase increases almost proportionally with intake pressure.
The locations of 5% mass fraction burned, 10% burned, auto-ignition, 25% burned,
50% burned, 75% burned and 90% burned are plotted in Figure 4.6. As intake
pressure is increased from 0.8 bar to 1.5 bar, the location of 5% burned (θ05) is later
by approximately 1.5 CAD, which leads to a similar retard in the burn rate until
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the onset of autoignition. While the onset of autoignition is retarded by 1.5 CAD,
θ50 is matched between the cases due to faster autoignition burn rates with higher
pressure. It is worth noting that the 10% - 90% burn duration (θ10−90) decreases by
approximately 20% from 24.5 CAD to 20 CAD, which does not reflect the increase
in peak autoignition burn rate by a factor of 2.
Figure 4.7 shows the evolution of the estimated unburned gas temperature during
the intake boost sweep. Higher boost mixtures required lower gas temperature at
IVC by approximately 35 K. This offset remained approximately constant at spark
timing as well as the estimated autoignition timing.
The mass fraction of fuel burned at the onset of autoignition is maintained con-
stant around 20%, as seen in Figure 4.8b. However, the end-gas energy during au-
toignition increases linearly with pressure, since the total energy of the mixture in-
creases. Figure 4.8a shows the variation of the characteristic autoignition duration
(δθAI) and the estimated end-gas energy at the start of autoignition with increasing
intake pressure. With higher intake boost, the estimated end-gas energy approxi-
mately doubles while the autoignition charasteristic duration approximately halves.
Using the relationship between the peak heat release rate and maximum pressure rise
rate (see Figure 3.1), we can demonstrate the effects of end-gas energy during au-
toignition and end-gas autoignition rate on the maximum pressure rise rate, as shown
in Figure 4.9.
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Figure 4.3: Cylinder pressure traces for the boost pressure sweep at constant com-
position, combustion phasing, spark timing, intake temperature and engine speed.
(a) (b)
Figure 4.4: Variation of (a) internal EGR and external EGR fractions and (b)
ringing intensity and maximum pressure rise rates as a function of intake pressure
at constant composition, combustion phasing, spark timing, intake temperature and
engine speed.
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Figure 4.5: Gross heat release rate (top), global burn rate (middle) and cumulative
heat release (bottom) for the φ′ = 0.55 intake pressure sweep at constant engine
speed, composition and combustion phasing.
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Figure 4.6: Crank angle locations at the time of 5% mass fraction burned, 10%
burned, auto-ignition, 50% burned, and 90% burned for the φ′ = 0.55 intake pressure
sweep at constant engine speed, composition, combustion phasing.
Figure 4.7: Evolution of the estimated mass-averaged unburned gas temperature for
the φ′ = 0.55 intake pressure sweep at constant engine speed, composition, combustion
phasing.
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(a) (b)
Figure 4.8: (a) Variation of estimated end-gas energy and end-gas characteristic
burn duration and (b) mass fraction burned and end-gas energy at onset of autoigni-
tion for the φ′ = 0.55 intake pressure sweep at constant engine speed, composition,
combustion phasing.
Figure 4.9: Maximum pressure rise rate measurements as a function of intake pres-
sure for the φ′ = 0.55 intake pressure sweep. Error bars represent minimum and
maximum values of the 20 representative cycles at each operating condition. Solid
markers indicate the 4 experimental conditions presented in detail in this Section.
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Previous investigations of the autoignition behavior of hydrocarbon fuels have
shown that representative gasoline fuels exhibit negative temperature coefficient (NTC)
behavior, in which the ignition delay time becomes longer as the temperature in-
creases [121–125]. Fieweger et al. [124] showed that at a pressure of 40 bar, stoichio-
metric iso-octane mixtures exhibit NTC behavior in the range of 770 - 910 K. At
higher pressures this behavior has been shown to be more pronounced and shifted to
higher temperatures [100,126]. Details on the differences in the high and low tempera-
ture reaction mechanisms in the oxidation of iso-octane that lead to a lower reactivity
in the NTC region, can be found in the modeling work of Curran et al. [127]. For
the intake pressure sweep results at φ′=0.55 presented in Figure 4.5, no measurable
heat release was observed at timings earlier than 20◦bTDC, which corresponded to
temperatures lower than 950 K. Furthermore, when the spark timing was retarded
from 40◦ bTDC to TDC, the heat release prior to TDC disappeared suggesting that
the initial slow heat release observed is due to the propagating reaction front initi-
ated from the spark discharge. In SACI metal engine experimental data, it is difficult
to distinguish between intermediate temperature heat release and flame based heat
release, if observed after the spark discharge and prior to the onset of autoignition.
To further investigate the boosted SACI results presented earlier in relation to the
autoignition behavior, the mass averaged unburned gas temperature and pressure tra-
jectories were overlaid on ignition delay predictions under the conditions investigated,
as shown in Figure 4.10. Constant volume ignition delays were computed for homoge-
neous conditions with a detailed kinetic mechanism with 312 species representing an
RD-387 gasoline surrogate with an AKI of 87 [128,129], at φ=1 and φ′=0.55. Ignition
delay was defined as the time of 50% mass fraction burned for each computation. It
can be seen in Figure 4.10 that the pressure-temperature trajectories for all cases
cross below the NTC region, where ignition delay is sensitive to both temperature
and pressure. The black crosses on the plot indicate the estimated autoignition tim-
ing for each experimental case, as defined in Section 2.2.5. Interestingly, the ignition
delay prediction at the estimated onset of autoignition is close to the 0.8 ms isoline
for all cases, which would be equivalent to 9.6 CAD at the engine speed used. This
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could suggest that the effect of the higher pressure on the mean reactivity of the
unburned gas is likely being offset by the reduction in the temperature at the onset
of autoignition.
Figure 4.11 shows the pressure and temperature trajectories of the four cases
investigated during the closed portion of the cycle, with markers highlighting au-
toignition, IVC and EVO timings. The temperature rise during combustion is similar
for all cases starting from around 1150 K and ending around 2100 K. Given the con-
trolled variables in this experiment, such as θ50 and mass fraction burned at the onset
of autoignition, the temperature increase is expected to be primarily a function of the
specific heat capacity of the mixtures, which is similar for all mixtures as composition
is held approximately constant. Higher boost mixtures have slightly higher maximum
temperatures likely due to the faster end-gas autoignition rate. However, the pressure
increase from the onset of autoignition until peak pressure is expected to scale with
the end-gas energy even if the burn rate is identical, as described in Section 3.1. In
the current experiment, the cylinder pressure rise due to combustion increases from
approximately 6 bar for the lowest intake pressure case (i.e. 80 kPa) to 20 bar for
the highest intake pressure case (i.e. 150 kPa). This is partly due to the increase in
end-gas energy and partly due to the faster end-gas burn rate. It is unclear whether
the pre-ignition reactivity stratification or the change in the evolution of the pressure
post-ignition is responsible for the increase in end-gas burn rate observed. The above
questions are addressed in the computational investigation presented in Chapter VI.
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Figure 4.10: Constant volume ignition delay contours (blue) as a function of pres-
sure and temperature for a stoichiometric mixture at φ′ = 0.55. Grey lines indicate
the trajectories of experimental pressure and estimated mass averaged-unburned gas
temperature during compression up to the onset of end-gas autoignition for the boost
pressure experiment at φ′ = 0.55 outlined in Table 4.1. The black crosses indicate
the estimated autoignition timing derived from the experimental burn rate curves.
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Figure 4.11: Trajectories of experimentally measured pressure and estimated mass-
averaged unburned gas temperature from IVC to EVO for the boost pressure exper-
iment at φ′ = 0.55 outlined in Table 4.1. The red markers indicate the estimated
end-gas autoignition timing computed from the experimental burn rate curves.
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4.4 Spark Advance Effects on SACI Burn Rates under Boosted
Conditions
The effect of pressure on the SACI burn rates was investigated in detail in Section
4.3 above at a fixed spark timing of 40◦ bTDC. However, a SACI experimental and
computation study by Olesky et al. [113] using a similar engine configuration showed
that the in-cylinder mixture became increasingly stratified at more advanced crank
angle and in-cylinder stratification significantly affected the behavior and effective-
ness of SACI. To test whether the boosted pressure effects are affected by the timing
of spark and potential mixture inhomogeneity around the spark plug, a similar exper-
imental approach to that outlined in Section 4.2 was employed for later spark timings
at 35.5 and 30◦ bTDC where the mixture is expected to be more homogeneous due
to longer residence time.
Figure 4.12 depicts the variation of peak end-gas burn rate at constant composition
and combustion phasing but varying spark timings. It is clear that as pressure is
increased, peak end-gas burn rates increase linearly with intake pressure, irrespective
of the mass fraction burned at the onset of autoignition. Additionally, the mass
fraction of fuel burned by the flame remains fairly constant with pressure irrespective
of spark timing, as seen in Figure 4.12. It can be also seen in Figure 4.12 that at
a given intake pressure, the peak end-gas burn rate and mass fraction burned by
the flame both decrease with earlier spark timings. These trends at a fixed intake
pressure agree well with the findings from studies by Olesky et al. [89] and Middleton
et al. [60]. It was shown in [89] that to maintain combustion phasing, a colder charge
with an earlier spark timing can be used to increase the fraction of flame based heat
release to provide the additional compression heating needed for autoignition. It was
also shown in [60] that for cases where flame propagation consumes a larger fraction
of the charge, the end-gas state becomes less reactive, which explains the decrease in
peak end-gas burn rates observed in Figure 4.12. These findings suggest that potential
inhomogeneity due to the timing of spark is not responsible for the boost pressure
effects on SACI burn rates that are observed.
117
Figure 4.12: Variation of peak end-gas burn rate (top) and mass fraction of fuel
burned at the onset of autoignition (bottom) as a function of intake pressure at 3
spark timings. Combustion phasing (θ50 = 9◦ aTDC) and composition (φ = 1, φ′ =
0.55) are maintained constant for all experiments.
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4.5 Comparison of Boost Pressure Effects on SACI Burn
Rates for Varying Fuel-to-Charge Equivalence Ratios
The analysis of the results in Section 4.3 showed that increasing intake pres-
sure/charge density at φ′ = 0.55 leads to similar burn rates up to onset of autoigni-
tion but faster autoignition rates. SACI combustion has been shown to be effective at
fuel-to-charge equivalence ratios ranging between 0.45 - 0.75. It is expected that the
SACI burn profile would be altered at different φ′ mixtures. It is, however, unclear
whether the boost pressure effects on SACI burn rates vary at different fuel-to-charge
equivalence ratios. To investigate this, a similar experimental approach to Section 4.3
was employed for mixtures varying from φ′ = 0.45 - 0.63. At each φ′, intake pressure
was increased while maintaining constant fuel-to-air equivalence ratio (φ=1), intake
valve timings (IVO/IVC), combustion phasing (θ50 ≈ 9◦aTDC), spark advance (SA
= 40.5◦bTDC and start of injection timing (SOI = 330◦bTDC). Intake temperature
was fixed at 45◦C and the unburned gas temperature was controlled by modulating
the internal to external EGR ratio.
Figures 4.13 and 4.14 show experimental results of the effect of intake pressure
on peak gross heat release rate, peak end-gas burn rate, mass fraction of fuel burned
at the onset of autoignition and end-gas energy at the onset of autoignition (bottom
right) for φ′ mixtures ranging from 0.45 - 0.63. Linear least square fit lines were added
to the experimental points at each φ′. It is apparent that the heat release analysis
trends are similar as a function of intake pressure, irrespective of φ′. Specifically, as
intake pressure increases from 0.8 to 1.5 bar, peak heat release rates rise by approx-
imately a factor of 3.5 for all φ′. Mass fraction burned at the estimated onset of
autoignition was approximately constant as a function of pressure for all cases. As a
result, the end-gas energy at the estimated onset of autoignition increased at similar
rates as a function of intake pressure for all mixtures. For the intake pressure range
investigated the peak end-gas burn rate increased by approximately a factor of 1.8.
Similarly to the analysis for the mixtures at 0.55, it can be seen that the increase in
end-gas energy and faster autoignition rate both contribute to the increase in peak
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heat release rates observed. For the experiments shown in Figures 4.13 and 4.14,
significant changes can be observed between φ′ mixtures at a given intake pressure,
which motivated the work presented in the following chapter. A detail analysis of
the effects of fuel-to-charge equivalence ratio on SACI heat release rates is shown in
Chapter V.
Figure 4.13: Effect of intake pressure on peak gross heat release rate (top) and peak
end-gas burn rate (bottom) for various φ′ mixtures at stoichiometric conditions, at
constant engine speed, combustion phasing and spark advance.
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Figure 4.14: Effect of intake pressure on mass fraction of fuel burned (top) and end-
gas energy (bottom) at the estimated onset of autoignition for various φ′ mixtures
at stoichiometric conditions, constant engine speed, combustion phasing and spark
advance.
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4.6 Effect of Charge Preheating Method on the SACI Heat
Release under Boosted Conditions
In Section 4.3, the effects of boost pressure on SACI burn rates were investigated
at constant composition and intake temperature. It was shown that as intake pressure
is increased at constant spark timing, a lower IVC temperature is required to maintain
constant θ50. This was achieved by reducing the ratio of internal to external EGR
while maintaining a constant intake temperature. The findings from those experi-
ments would certainly be valuable from a practical engine operation point of view, as
large changes in intake temperature would be difficult to achieve in few engine cycles.
However, those experiments did not decouple the potential thermal and compositional
stratification associated with variations in the ratio internal to external EGR from
the effects of pressure on the burn rates. Previous studies [95, 130–134] have shown
that increasing the internal EGR mass fraction of the mixture can lead to a greater
temperature stratification during combustion, resulting in slower autoignition burn
rates. On the other hand, other studies [89,135,136,138] showed that changes in the
internal EGR fraction of the mixture had no impact in the overall burn rates. It is
hence unknown whether the boost pressure effects shown in Section 4.3 were affected
by the varying amounts of internal EGR, which motivated the experimental studies
shown in this section.
As intake pressure was increased, φ′ was fixed at approximately 0.55, fuel-to-
air equivalence was fixed around stoichiometry and θ50 was fixed at approximately
9.8◦aTDC. Since spark timing and the ratio of internal to external EGR was main-
tained constant, the intake manifold temperature was varied to ensure combustion
phasing is matched. The detailed experimental conditions are listed in Table 4.2.
Figure 4.15 shows the breakdown of the cylinder constituents in this study.
Figure 4.16 displays the cylinder pressure traces during compression and expan-
sion. Higher intake boost pressures lead to proportionally higher pressures near au-
toignition timing. Since combustion phasing is matched between the cases, locations
of peak pressure rise rate and peak pressure are also closely matched.
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Table 4.2: Experimental conditions for the SACI boost pressure experiment at fuel-
to-charge equivalence of 0.55 and constant ratio of internal to external EGR 2
Parameter Case1 Case 2 Case 3 Case 4
Engine speed [rpm] 2000
Spark timing [◦aTDC] -40.5
Start of injection [◦aTDC] -330
Intake valve opening/Closing [◦aTDC] -265/-161
Fuel flow rate [mg/cycle/cylinder] 11.1 12.9 13.9 15.0
Combustion phasing, θ50 [aTDC] 9.8 9.7 9.8 9.8
Fuel-to-air equivalence ratio, φ [-] 1.00 0.99 0.99 0.99
Fuel-to-charge equivalence ratio, φ′ [-] 0.55 0.55 0.55 0.56
Intake pressure [bar] 0.94 1.04 1.12 1.20
Exhaust pressure [bar] 1.37 1.31 1.24 1.38
Intake temperature [◦C] 83 71 52 32
Internal EGR mass fraction [-] 0.34 0.33 0.33 0.32
External EGR mass fraction [-] 0.10 0.11 0.11 0.11
Exhaust valve opening [◦aTDC] 190 186 180 183
Exhaust valve closing [◦aTDC] 294 290 284 287
=0.55
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FUEL
Increasing pressure
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Internal EGR
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Figure 4.15: Schematic showing the breakdown of the cylinder mass constituents
during the boost pressure experiment at constant ratio of internal to external EGR
and composition. Total column height represents the sum of the masses of the con-
stituents (not to scale).
2All timings are referenced to combustion TDC. Valve timings are defined at 0.2 mm opening.
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Internal and external EGR mass fractions, shown in Figure 4.17a, were maintained
constant with increasing intake pressure. As a result, as intake pressure was increased
from 94 kPa to 120 kPa, intake temperature had to be reduced from 83◦C to 32◦C
to maintain constant combustion phasing, as seen in Figure 4.17b. The boost pres-
sure range was limited due to intake temperature range limitations of the hardware.
However, the variation in intake pressure allowed for a 36% increase in fuel energy
input and was deemed sufficient for the objective of this study.
Figure 4.16: Cylinder pressure traces for boost pressure sweep experiments at con-
stant internal-to-external EGR fraction and varying intake temperatures at stoichio-
metric conditions, constant engine speed, combustion phasing and spark advance.
Heat release rates curves, shown in Figure 4.18, display a similar trend to the
results of the intake pressure sweep using residual gas heating. As intake pressure is
increased, more energy is being released during both flame propagation and autoigni-
tion. When normalizing the heat release rate by the total heat released for each case,
the initial burn rates collapse with each other but autoignition burn rates are still
faster. The increase in global burn rate is smaller that what was observed in Figure
4.5 for the residual gas heating cases, however the change in intake pressure in this
experiment is also smaller.
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(a) (b)
Figure 4.17: Variation of (a) total EGR fraction displayed as a sum of internal
and external EGR and (b) manifold temperatures as a function of intake pressure for
experiments at constant composition, combustion phasing, spark timing, and engine
speed.
Similarly to the intake pressure sweep results at constant intake temperature, mass
fraction burned at autoignition was constant at around 18%. To quantitatively com-
pare the effect of pressure on the peak heat release rate between residual gas heating
and intake manifold heating, peak heat release rate and peak burn rate values were
plotted against intake pressure for both sets of experiments, as shown in Figure 4.19.
It is clear that that the rate of increase of the peak heat release rate is approximately
the same with increasing boost pressure, irrespective of charge preheating method.
Very similar increase in peak burn rate was also observed between the two charge pre-
heating methods. These findings suggest that changes in residual gas fraction have
negligible effect on the peak end-gas burn rate trend observed with intake boost.
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Figure 4.18: Gross heat release rate profiles (top), global burn rate profiles (middle)
and cumulative heat release (bottom) for boost pressure sweep experiments at con-
stant internal-to-external EGR fraction and varying intake temperatures. All condi-
tions are stoichiometric with constant composition,engine speed, combustion phasing
and spark advance.
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Figure 4.19: Comparison of peak global heat release rate (top) and peak burn rate
(bottom) trends with intake pressure between residual gas heating and intake man-
ifold heating experiments. Combustion phasing, composition, spark advance, intake
valve timings and engine speed were held constant. Error bars represent minimum
and maximum values from the 20 representative cycles selected at each operating
condition.
127
4.7 Summary
Experiments were conducted at typical SACI fuel-to-charge equivalence ratios be-
tween 0.45 and 0.63 to understand the effect of intake pressure on the burn rates of
stoichiometric SACI combustion. The effect of pressure on the combustion process
was isolated from other confounding variables such as combustion phasing, mixture
composition, mass fraction of fuel burned at the onset of end-gas autoignition and
effective compression ratio. Experiments at 2000 RPM, φ′ = 0.55 and SA = 40◦bTDC
showed that as intake pressure is increased from 80 kPa to 150 kPa, bulk gas tem-
perature has to be decreased by approximately 40 K to match combustion phasing.
While extensive flame-based heat release rates were higher with increasing pressure
due to higher energy content, the mass fraction of the fuel burned at the onset of
autoignition was found to be approximately constant for a constant θ50 timing. The
overall effect of pressure on SACI initial flame burn rates was thus minor, but led
to an almost proportional increase in end-gas autoignition rates. An increase in in-
take pressure by a factor of 2 led to an increase in the peak heat release rates by
approximately a factor of 4. Approximately half of this increase was attributed to
the increase in the end-gas energy at the onset of autoignition and the other half was
attributed to the increase in the end-gas burn rate.
Varying the fuel-to-charge equivalence ratio of the mixture between 0.45 to 0.63
caused no difference on the effect of pressure on the SACI burn rates, even though the
burn profile was altered. Any temperature or compositional stratification associated
with the variation in the ratio of internal to external EGR with increasing pressure,
was found to have a negligible effect on the burn rates. Low temperature heat release
in the NTC region was not observed under the boosted conditions investigated. Igni-
tion delay calculations at the estimated onset of end-gas autoignition were found to
be very similar (≈ 0.8 ms) for all intake pressure cases due to the competing effects
of higher pressure and lower temperature on the mean mixture reactivity.
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CHAPTER V
Impact of Fuel-to-Charge Equivalence Ratio on
SACI Burn Rates
5.1 Background and Experimental Objective
In conventional SI combustion EGR dilution leads to slower burn rates due to
lower flame propagation speeds associated with lower burned gas temperatures [139].
In low temperature combustion modes, such as HCCI combustion, EGR dilution has
been used to alleviate the high pressure rise rates by slowing down the autoignition
rate [140]. In the hybrid combustion mode of SACI, the effect of EGR dilution on the
tradeoff between deflagrative and autoignition heat release is not fully understood.
The analysis in Chapter IV showed that, for a given composition and combustion
phasing, higher boost pressures led to higher pressure rise rates due to higher end-gas
energy content at the onset of autoignition as well as faster autoignition burn rates.
It remains unclear how different fuel-to-charge equivalence ratios could be employed
to reduce the peak heat release rates in SACI combustion and thus extend the high
load operation limits. Several experimental studies in the literature have attempted
to expand the SACI load limit by decreasing the EGR dilution at stoichiometric,
unthrottled conditions [6,33,46]. While their work has provided good insights into the
SACI combustion process, an analysis and understanding of the effect of fuel-to-charge
equivalence ratio on the tradeoff between deflagrative and autoignition heat release
is still missing. Furthermore, there is no work currently in the literature using boost
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pressure to vary the EGR dilution of the charge at a fixed load or fuel energy input. A
boosted engine configuration can enable higher EGR rates at a fixed load condition,
which may be beneficial for SACI load expansion. The experimental approach and
analysis in this chapter attempts to address these shortcomings by isolating the effect
of EGR dilution on SACI burn rates, while maintaining constant autoignition timing.
Two experimental approaches were employed; first EGR dilution was varied at a fixed
intake pressure, hence changing the total fuel energy input; second EGR dilution was
varied at a fixed fuel energy input by varying the intake pressure. It is impossible
to isolate the effect of dilution from both pressure and total energy content at the
same time, so both approaches were used to understand the effect of EGR dilution
on SACI burn profile and the trade-off between flame propagation and autoignition
heat release rates. The findings of the first experimental approach would be useful as
a load expansion method at a given intake pressure while the second approach tries
to understand what dilution level would be most appropriate to alleviate excessive
pressure rise rates at a given load condition in SACI. Similarly to experiments in
Chapter IV, variables such as autoignition phasing, fuel-to-air equivalence ratio and
effective compression ratio were kept constant to remove their effect on the combustion
process.
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5.2 EGR Dilution Effects at Constant Intake Pressure
5.2.1 Experiments at Constant Spark Advance and Varying Mass Frac-
tion Burned at the Onset of Autoignition
In this study SACI experiments were performed at increasing fuel-to-charge equiv-
alence ratio (φ′), while maintaining a fixed intake pressure. As fuel mass injected was
increased, EGR dilution was traded for air to maintain a stoichiometric mixture, thus
reducing the EGR dilution levels. The fuel-to-air equivalence ratio (φ) of the mixture
was maintained at stoichiometry and dilution was achieved by a mixture of internal
and external EGR. The composition of EGR was constant since fuel-to-air equiva-
lence ratio was held constant. Φ′ was varied from 0.55 to 0.72 and intake pressure
was fixed at 1 bar. Spark timing was fixed at 30◦ bTDC, intake temperature was
maintained at approximately 45◦C and intake valve closing timing was fixed at 161◦
bTDC. In order to match autoignition timing at around 7◦ bTDC, EVC timing was
varied to modulate the amount of internal residual (iEGR) and ultimately the mean
temperaure of the mixture at inlet valve closing timing. External EGR was controlled
to maintain the fuel-to-air equivalence ratio at stoichiometry. Details of the experi-
mental conditions can be found at Table 5.1 and a schematic showing the breakdown
of the cylinder constituents during the experiment can be seen in Figure 5.1.
At higher fuel-to-charge equivalence ratios, absolute heat release rates increased
during both the flame and autoignition phases of the combustion process, as shown
in Figure 5.2. Peak heat release rates increased from approximately 69 J/deg to 150
J/deg, as φ′ increased from 0.55 to 0.72. The increase in peak heat release corre-
sponded to an increase in peak pressure rise rate from 2.6 bar/cad to 6.5 bar/cad. As
mentioned earlier, in this experiment higher φ′ mixtures were achieved by increasing
the fuel energy input at a constant intake pressure of 1 bar. Therefore, the increasing
trend observed in absolute heat release rates with φ′ was somewhat expected due to
the increasing energy content of the mixture. It is of greater interest to understand
the changes in the burn rates during flame propagation and autoignition and the
resulting tradeoff between the two combustion modes. When normalizing the heat
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release rate with the total energy content of each mixture, higher φ′ mixtures exhibit
faster global burn rates up to the onset of autoignition and higher peak global burn
rates during autoignition, as seen in Figure 5.2. Specifically, the mass fraction of the
fuel burned at the onset of autoignition increases from 15% to 26%.
Laminar flame speed estimates from spark timing up to TDC, shown in Figure
5.3, increase by approximately 50% with higher φ′ under the conditions investigated,
which explains the higher mass fraction burned at the onset of autoignition. Since
intake pressure, intake valve timing, spark timing and engine speed are constant
during this experiment, variations in the turbulent flow conditions between the cases
are expected to be minor immediately after the spark event. The laminar flame speed
estimates follow the increasing trend in burned gas temperature (Tb) with higher φ
′
(i.e. lower EGR dilution), even though the unburned gas temperatures decrease with
higher φ′.
Figure 5.3 shows the evolution of the estimated unburned gas temperature during
the φ′ sweep at constant intake pressure and spark timing. As φ′ increases, the un-
burned gas temperature of the mixture is seen to decrease by approximately 60 K at
spark timing, while at the onset of autoignition it is lower by approximately 25 K. The
observed trend in the mean unburned gas temperature can be attributed to the fol-
lowing underlying effects. At higher φ′ conditions, the mixture is expected to be more
reactive exhibiting shorter ignition delays. Therefore, the unburned gas temperature
at autoignition timing would have to decrease in order to match autoignition timing.
Additionally, the higher φ′ mixtures exhibit higher flame-based heat release rates up
to the point of autoignition, which leads to an increase in-cylinder pressure at the
location of autoignition from 24 bar to 34 bar, further increasing the reactivity of the
end-gas. The higher flame burn rates observed with higher φ′ mixtures cause a larger
compression effect on the unburned mass, resulting in a larger temperature rise from
spark timing up to the onset of autoignition. As a result, at higher φ′ and constant
spark timing, the temperature at spark has to be reduced even further compared to
the temperature drop at autoignition timing, as seen in Figure 5.3.
Global burn rates, shown in Figure 5.2, depict an increase in peak global burn
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rate during autoignition from 0.13 1/deg to 0.19 1/deg, an approximately 50% rise.
However, since the mass fraction burned by the flame varies in this experiment, peak
global burn rates do not reflect peak autoignition burn rates. When normalizing the
end-gas heat release rates by the end-gas energy at autoignition, we get the end-gas
burn rate profiles, shown in Figure 5.2. As a result, the increasing trend in peak
end-gas burn rate with φ′ becomes even more pronounced than that observed for the
global burn rate curves due to the decrease in mass fraction burned at the onset of
autoignition. Specifically, as φ′ is increased from 0.55 to 0.72 at constant intake pres-
sure, spark timing and autoignition timing, the peak end-gas burn rate increases from
approximately 0.14 1/deg to 0.22 1/deg (≈ 60% increase), while the mass fraction
burned by the flame increases from 15% to 26%. A significant decrease in the end-gas
burn rate is therefore observed for the lower φ′ mixture, which should be desirable for
alleviating the excessive pressure rise rates observed in SACI combustion. However,
for a given spark timing and autoignition timing, lower φ′ mixtures depict slower burn
rates during flame propagation which implies that there is a higher fraction of the
energy content released during autoignition. This in turn leads to higher absolute
heat release rates and ultimately higher maximum pressure rise rates. The increase
in absolute heat release rate by approximately a factor of 2.2 can be attributed to
the increase in the end-gas energy as well as the increase in the end-gas burn rates,
as shown in Figure 5.2. The rate at which the end-gas burn rate increases during
this φ′ sweep is double that of the end-gas energy increase, which highlights the im-
portance of dilution on the autoignition rate and ultimately its impact on the global
heat release rate.
The above study of the behavior of φ′ was extended at different intake pressures,
while maintaining constant spark timing and autoignition timing. The effect of φ′ on
the SACI combustion process was found to be consistent across the different intake
pressures investigated, as shown in Figure 5.4. When ignited at the same timing,
higher φ′ mixtures resulted in higher peak heat release rates for all intake pressure
cases. This trend was observed due to the increase in the end-gas energy at autoigni-
tion and the faster end-gas burn rates. The mass fraction burned at autoignition
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increased as φ′ increased for all intake pressures. However, the mass fraction burned
at autoignition collapse onto each other for all intake pressures suggesting that, for a
given spark and autoignition timing, pressure has a minor effect on the SACI initial
burn rates, as discussed in Chapter IV. Lastly, it is clear that for a given fuel-to-
charge equivalence increasing the intake pressure results in faster end-gas burn rates,
consistent again with the analysis in Chapter IV.
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Table 5.1: Experimental conditions for the φ′ sweep at 1 bar intake pressure and
constant spark advance.
Parameter Case1 Case 2 Case 3 Case 4
Engine speed [RPM] 2000
Intake temperature [◦C] 45
Start of injection [◦aTDC] -330
Spark timing [◦aTDC] -30
Intake valve opening/closing timing [◦aTDC] -265 / -161
Intake pressure [kPa] 101
Fuel-to-air equivalence ratio, φ [-] 1.00
Fuel injected [mg/cycle/cyl] 12.3 13.6 15.1 17.9
Fuel-to-charge equivalence ratio, φ′ [-] 0.55 0.61 0.65 0.72
Autoignition timing [◦aTDC] 6.0 7.1 6.9 6.7
Combustion phasing, θ50 [
◦aTDC] 10.2 10.1 9.5 8.9
Exhaust valve opening [◦aTDC] 170 182 189 203
Exhaust valve closing [◦aTDC] 274 286 293 307
Internal EGR mass fraction [-] 0.39 0.30 0.26 0.19
External EGR mass fraction [-] 0.06 0.08 0.09 0.10
=0.72 
EGR 
AIR 
FUEL 
Increasing  
FUEL 
AIR 
EGR 
=0.55 
=1 
=1 
Figure 5.1: Breakdown of the cylinder mass constituents for the fuel-to-charge
equivalence ratio experiment (not to scale). Total column height represents the sum
of the masses of the constituents.
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Figure 5.2: From top to bottom: Gross heat release rate, global burn rate, end-gas
burn rate and mass fraction burned as a function of φ′ at constant end-gas autoignition
timing, engine speed, intake pressure and spark timing.
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Increasing ' 
Increasing '
Increasing '
Figure 5.3: From top to bottom: Cylinder pressure, estimated mass-averaged un-
burned gas temperature, estimated burned gas temperature and laminar burning
velocities as a function of φ′ at constant end-gas autoignition timing, engine speed,
intake pressure and spark timing.
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Figure 5.4: Peak gross heat release rate trends (top), peak end-gas burn rate trends
(middle) and mass fraction of fuel burned at the onset of autoignition trends (bottom)
as a function of φ′ at increasing intake pressure, stoichiometric conditions, constant
combustion phasing and spark timing.
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5.2.2 Experiments at Constant Mass Fraction Burned at the Onset of
Autoignition
Previous modeling work by Middleton et al. [60] has shown that changes in mass
fraction burned at the onset of autoignition in SACI can affect the autoignition burn
rate due to changes in end-gas reactivity. To remove that effect from the analysis
additional experiments were performed where spark timing and temperature at IVC
were varied in order to match the mass fraction burned at the onset of autoignition.
Since intake temperature was maintained constant at 45◦C, changes in the charge
temperature at IVC timing were achieved by altering the ratio of internal to external
EGR. Details of the experimental conditions can be found in Table 5.2.
Figure 5.5 displays the cylinder pressure and unburned gas temperature for the
three cases. Similar trends to the constant spark advance can be observed, albeit less
pronounced. Figure 5.6 shows the effect of φ′ on the heat release rate, global burn rate,
mass fraction burned curves and comulative heat release at constant intake pressure
and mass fraction burned at the onset of autoignition. As φ′ increased, flame burn
rates increased based on the analysis and findings in Section 5.2.1. Spark timing
had to be retarded from 41◦ bTDC to 30◦ bTDC for the higher φ′ cases, in order
to match the mass fraction burned at the autoignition timing of 6.7◦ aTDC. This
resulted in a mass fraction of fuel burned at autoignition of approximately 25% under
the conditions investigated.
Peak heat release rates increase by a factor of 3 when φ′ is increased from 0.58
to 0.71 partly due to increased end-gas energy and partly due to faster end-gas burn
rates. The increase in φ′ from 0.58 to 0.71, which corresponded to an approximately
50% increase in gross IMEP, resulted in a 200% increase in autoignition burn rates.
It becomes clear that, everything else being equal, increasing the load in SACI by
increasing φ′ can quickly hit the pressure rise rate limit. The trends from the heat
release analysis results are similar to those of the constant spark timing experiments
except for the variation of the peak end-gas burn rate with φ′. Comparing Figures
5.6 and 5.2 one can observe that the rate at which the end-gas burn rate increases
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is higher when the mass fraction burned by the flame is fixed compared to the cases
when ignition timing is maintained constant. Again this behavior is attributed to the
changes in mass fraction burned at the onset of autoignition and the associated effect
on the autoignition burn rates.
Table 5.2: Experimental conditions for the φ′ sweep at constant intake pressure,
mass fraction burned at the onset of autoignition and varying spark timing.
Parameter Case1 Case 2 Case 3
Engine speed [rpm] 2000
Intake temperature [◦C] 45
Start of injection [◦aTDC] -330
Intake valve opening/closing timing [◦aTDC] -265 / -161
Fuel-to-air equivalence ratio, φ [-] 1.00
Intake pressure [kPa] 98 100 100
Fuel injected [mg/cycle/cyl] 13.0 15.4 17.9
Spark timing [◦aTDC] -41 -35 -30
Fuel-to-charge equivalence ratio, φ′ [-] 0.58 0.64 0.72
Autoignition timing [◦aTDC] 6.7 6.7 6.7
Combustion phasing, θ50 [
◦aTDC] 9.8 9.2 8.9
Exhaust valve opening [◦aTDC] 180 191 204
Exhaust valve closing [◦aTDC] 284 296 308
Internal EGR mass fraction [-] 0.33 0.26 0.19
External EGR mass fraction [-] 0.09 0.10 0.10
140
Figure 5.5: Cylinder pressure trace (top) and unburned gas temperature evolution
(bottom) for the φ′ at constant intake pressure and mass fraction burned at the onset
of autoignition.
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Figure 5.6: From top to bottom: Effect of φ′ on gross heat release rate, global burn
rate, mass fraction burned and cumulative heat release at constant intake pressure,
engine speed and mass fraction burned at the onset of end-gas autoignition.
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5.2.3 Experiments at Constant End-Gas Energy and Varying Spark Tim-
ing
The analysis in Section 5.2.1 showed that for a given intake pressure and spark
timing, an increase in fuel-to-charge equivalence ratio at constant intake pressure leads
to faster flame burn rates and higher mass fraction burned at the onset of autoignition
when autoignition timing is fixed. However, the end-gas energy content still increased
and more importantly the end-gas burn rate increased significantly with higher φ′.
This led to excessive pressure rise rates, which limited the load expansion.
It has been shown in previous work of Olesky et al. [89] and Middleton et al. [60]
that the heat release profile can be modified by varying both the temperature of
the charge and the timing of the spark event, while maintaining constant combustion
phasing. Additional experiments were conducted in this study to explore the potential
of using the higher flame burn rate of higher φ′ mixtures to maintain a constant
pressure rise rate while increasing load. As φ′ increased from 0.55 to 0.65, spark
timing was advanced from 30◦ to 45◦ bTDC to match the end-gas energy at the onset
of autoigntion. The higher φ′ cases exhibit faster flame burn rates as shown in the
previous section but also contain more fuel energy, so spark timing had to be further
advanced to match the absolute end-gas energy at the onset of autoignition. The
ratio of internal to external EGR was varied to modulate the temperature at IVC
and target an autoignition timing around 7◦aTDC for all cases. The details about
the experimental conditions can be found in Table 5.3.
Figure 5.7 displays the estimated unburned gas temperatures, cylinder pressures
and mass fraction burned curves for the 3 cases investigates. As expected higher
φ′ require lower temperatures at spark timing to match autoignition phasing. The
higher φ′ case that is ignited earlier leads to a slightly higher pressure at autoignition
timing. The mass fraction burned at autoignition increases from 0.15 to 0.26, which
results in an estimated end-gas energy of 480 J for all cases.
Heat release rate plots, shown in Figure 5.8, depict that the higher φ′ cases exhibit
higher heat release rates up to autoignition, as the mixture is more reactive, contains
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more chemical energy and is ignited earlier in the cycle. However, during autoignition
peak heat release rates are similar for all three cases, unlike the behavior observed
in Section 5.2.1. The global burn rates, which can be seen in Figure 5.8 show an
increase in the combustion rate during flame propagation and a decrease in the peak
autoignition burn rate. The decrease in the peak global burn rate is observed due
to the higher mass fraction burned at autoignition rather than a decrease in the
end-gas combustion rate. When looking at the end-gas burn rates in Figure 5.8,
the peak values are similar between all cases even though the EGR dilution level of
the autoigniting mixture is different. This behavior agrees with the computational
study by Middleton et al. [60], which showed that an increase in the burned gas
mass at the onset of autoignition results in a decrease in the end-gas burn rate due
to changes in reactivity stratification. That study was performed at a fixed fuel-
to-charge equivalence ratio but the findings are expected to apply trendwise in this
study.
The results suggest that load can be increased by increasing φ′ at constant intake
pressure while maintaining constant peak heat release rate and optimum combustion
phasing as long as the mass fraction burned at the onset of autoignition increases suffi-
ciently. Higher φ′ mixtures ignite faster and exhibit higher flame burn rates, however,
to match the end-gas energy, spark timing had to be significantly advanced to allow
enough time for the flame to propagate in the combustion chamber. This technique
was employed further but was found to be limited due to high cyclic variability in
combustion phasing and ultimately high COVNMEP due to partial burning cycles.
More details on the causes of cyclic variability in SACI under similar conditions can
be found in Section 3.4.
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(b)
(c)
Figure 5.7: (a) Estimated unburned gas temperature, (b) cylinder pressure and (c)
global mass fraction of fuel burned as a function of φ′ at similar estimated end-gas
energy at the onset of autoignition. Intake pressure, engine speed, intake temperature
and autoignition phasing were all held constant.
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Figure 5.8: From top to bottom: Effect of φ′ on gross heat release rate, global
burn rate, end-gas burn rate and cumulative heat release at similar estimated end-gas
energy at the onset of autoignition. Intake pressure, engine speed, intake temperature
and autoignition phasing were all held constant.
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Table 5.3: Experimental conditions for the φ′ sweep at constant intake pressure and
constant end-gas energy at autoignition.
Parameter Case1 Case 2 Case 3
Engine speed [RPM] 2000
Intake temperature [◦C] 45
Start of injection [◦aTDC] -330
Intake valve opening / closing [◦aTDC] -265 / -161
Fuel-to-air equivalence ratio, φ [-] 1.00
Intake pressure [bar] 1.04 1.01 1.00
Fuel injected [mg/cycle/cyl] 13.0 13.6 15.4
Spark timing [◦aTDC] -30 -35 -45
Fuel-to-charge equivalence ratio, φ′ [-] 0.55 0.60 0.65
Autoignition phasing, θAI [
◦aTDC] 6.6 6.8 7.0
Combustion phasing, θ50 [
◦aTDC] 10.0 10.0 9.5
Exhaust valve opening [◦aTDC] 177 184 192
Exhaust valve closing [◦aTDC] 281 288 296
Internal EGR mass fraction [-] 0.36 0.30 0.25
External EGR mass fraction [-] 0.09 0.08 0.09
147
5.3 EGR Dilution Effects at Constant Load
5.3.1 Experiments at Constant Spark Advance and Varying Mass Frac-
tion Burned at the Onset of Autoignition
In a boosted SACI engine a given load condition can be achieved at different EGR
dilution levels as the boost pressure is varied. It remains unclear how changes in fuel-
to-charge equivalence ratio at a fixed load influence the tradeoff between between
flame propagation and autoignition and the resulting peak heat release rate. Un-
derstanding the combined effects of intake pressure and φ′ on the SACI burn profile
would help access the high thermal efficiency regions demonstrated by thermody-
namic simulations in the literature [39] and hence aid the practical implementation
of this combustion mode.
In this set of experiments, the fuel mass injected was fixed at 15 mg per cycle per
cylinder, corresponding to a GMEP of approximately 5.2 bar. Spark timing was fixed
at 40◦ bTDC and intake pressure was decreased from 120 bar to 84 kPa, which led to
a φ′ increase from 0.55 to 0.70. The internal and external EGR rates were adjusted
to maintain stoichiometry and target autoignition timing at around 7◦ aTDC. Details
of the experimental conditions can be seen in Table 5.4.
Figure 5.9 shows the evolution of cylinder pressure and unburned gas temperature
for all cases. Since the fuel mass injected is held constant, low φ′ cases are achieved
by using higher intake pressures and vice versa. The mean unburned gas temperature
is lower for the high φ′ cases up to the onset of autoignition. The difference in
unburned gas temperature between the highest and lowest φ′ case is approximately
75 K at spark timing and approximately 20 K at autoignition timing. Similarly to
the results at constant intake pressure, these temperature trends offset the increased
reactivity of the higher φ′ so that autoignition timing is matched at around 7◦aTDC.
Figure 5.10 shows the heat release analysis results for the φ′ sweep at constant
fuel energy input. While spark timing is held constant at 40◦bTDC, higher φ′ cases
burn faster during the initial flame propagation phase resulting in higher heat release
rates. As a result, mass fraction burned at the onset of autoignition increases from
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22% to 39%. However, unlike the results shown in Section 5.2.1, peak heat release
rate decreases at higher φ′ conditions. This trend is observed due to changes in
the end-gas energy at the onset of autoignition, since the peak end-gas burn rates
are similar between the cases, as seen in Figure 5.10. The fact that the end-gas
burn rates are similar even though the fuel-to-charge equivalence ratio increases is
likely due to the changes in mass fraction burned at autoignition timing, as discussed
in the computational studies by Middleton et al. [60] and Martz et al. [141]. In
those studies, as the burned gas mass at autoignition timing increased, the end-gas
reactivity was shown to decrease as the unburned mixture mass near the cylinder
wall was less reactive [60]. Additionally, the differences in end-gas burn rate as the
fraction of flame based heat release varies were also attributed to differences in the
work transferred from end-gas expansion during autoignition, which influenced the
end-gas temperature time history [141]. Lastly, the lower φ′ cases are achieved by
increasing the intake pressure, hence the end-gas reactivity stratification is expected
to be decrease based on the findings from Chapter IV.
Table 5.4: Experimental conditions for the φ′ sweep at constant load and constant
spark advance.
Parameter Case1 Case 2 Case 3 Case 4
Engine speed [RPM] 2000
Fuel injected [mg/cycle/cyl] 15
Intake temperature [◦C] 45
Fuel injection pressure [bar] 110
Spark timing [◦aTDC] -40.5
Start of injection [◦aTDC] -330
Intake valve opening / closing timing [◦aTDC] -265 / -161
Fuel-to-air equivalence ratio, φ [-] 1.01
Intake pressure [kPa] 120 110 97 84
Fuel-to-charge equivalence ratio, φ′ [-] 0.55 0.59 0.65 0.70
Autoignition timing, θAI [
◦aTDC] 7.2 7.5 7.5 7.6
Combustion phasing, θ50 [
◦aTDC] 10.2 10.3 9.9 9.3
Exhaust valve closing [◦aTDC] 182 186 194 208
Exhaust valve closing [◦aTDC] 286 290 298 312
Internal EGR mass fraction [-] 0.32 0.29 0.24 0.17
External EGR mass fraction [-] 0.12 0.11 0.11 0.12
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Figure 5.9: Cylinder pressure variation (top) and unburned gas temperature (bot-
tom) as a function of φ′ at similar estimated end-gas energy at the onset of autoigni-
tion. Intake pressure, engine speed, intake temperature and autoignition phasing were
all held constant.
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Figure 5.10: From top to bottom: Effect of φ′ on gross heat release rate, global
burn rate, end-gas burn rate and cumulative heat release at constant load and spark
timing. Engine speed, intake temperature and autoignition phasing were all held
constant.
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5.3.2 Experiments at Constant Mass Fraction Burned at the Onset of
Autoignition
A set of conditions were investigated to complement the study in Section 5.3.2 by
fixing the mass fraction burned at the onset of autoignition for increasing φ′ cases.
Similarly, the fuel mass injected was fixed at 15 mg per cycle per cylinder which
corresponded to a GMEP of approximately 5.2 bar. Intake pressure was varied from
120 kPa to 81 kPa which led to an increase in φ′ from 0.55 to 0.77. The mixture
was kept at stoichiometry and EGR dilution was achieved using a combination of
internal and external EGR. The temperature of the charge at IVC was adjusted by
varying the ratio of internal to external EGR. Spark timing and IVC temperature
were adjusted to match both the mass fraction burned at the onset of autoignition
and the autoignition phasing. The details of the experimental approach can be found
in Table 5.5.
Figure 5.11 shows heat release analysis results. When spark timing and IVC
temperature are adjusted so that the mass fraction burned by the flame is matched,
then the peak end-gas burn rates exhibit an increasing trend with increasing φ′. In
order to match the mass fraction burned at the onset of autoignition, the lower φ′
cases are ignited earlier to compensate for the slower burn of the higher dilution
mixtures. Since the total fuel mass injected and the mass fraction burned at the
onset of autoignition is similar between the cases, the heat release profiles follow a
similar trend to the global burn rate profiles. The increasing trend in the peak heat
release profile is attributed to the faster end-gas burn rates driven by the lower EGR
dilution levels. Comparing the results from this section to those at constant intake
pressure from Section 5.2.2, one can see that the increase in end-gas autoignition rate
with φ′ is much more pronounced when the intake pressure is maintained constant
as opposed to in the constant load cases. Based on the findings in Chapter IV it is
believed that for the constant load cases, the increased dilution (i.e. lower φ′) and
higher pressure have opposing effects on the end-gas autoignition rates.
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Table 5.5: Experimental conditions for the φ′ sweep at constant load and constant
mass fraction burned at the onset of autoignition.
Parameter Case1 Case 2 Case 3
Engine speed [RPM] 2000
Fuel injected [mg/cycle/cyl] 15
Intake temperature [◦C] 44
Start of injection [◦aTDC] -330
Intake valve opening / closing timing [◦aTDC] -265 / -161
Fuel-to-air equivalence ratio, φ [-] 1.00
Spark timing [◦bTDC] 41 35 30
Intake pressure [bar] 1.20 0.97 0.80
Exhaust pressure [bar] 1.31 1.16 1.12
Fuel-to-charge equivalence ratio, φ′ [-] 0.56 0.65 0.77
Autoignition timing [◦aTDC] 7.0 7.7 7.5
Combustion phasing, θ50 [
◦aTDC] 9.8 10.2 9.8
Exhaust valve closing [◦aTDC] 183 192 201
Exhaust valve closing [◦aTDC] 287 296 305
Internal EGR mass fraction [-] 0.31 0.26 0.21
External EGR mass fraction [-] 0.13 0.09 0.03
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Figure 5.11: From top to bottom: Effect of φ′ on gross heat release rate, global
burn rate, end-gas burn rate and cumulative heat release at stiochiometric conditions
and similar mass fraction burned at the onset of autoignition. Engine speed, intake
temperature and autoignition phasing were held constant for all conditions.
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5.4 Summary
An experimental approach was designed to investigate the effect of fuel-to-charge
equivalence ratio (φ′) on stoichiometric SACI burn rates. First, φ′ sweeps were per-
formed at constant intake pressure by allowing the total fuel mass injected per cycle
to vary and then φ′ sweeps were performed at constant fuel energy input by allowing
the intake pressure to vary. Changes in fuel to charge equivalence ratio were achieved
solely by varying the EGR dilution levels from 23% to 55%. For each set of exper-
iments, spark timing was initially kept constant and the temperature of the charge
was varied so that autoignition occured close to 7◦aTDC. Then spark timing and
unburned charge temperature were both varied so that the mass fraction burned at
the onset of autoignition (≈ 7◦aTDC) was maintained constant.
Increasing the fuel-to-charge equivalence ratio at unthrottled conditions and con-
stant spark advance required a decrease in unburned gas temperature of up to 60 K at
spark timing in order to match autoignition phasing. Higher φ′ cases exhibited faster
flame burn rates, which was explained by the increasing trend in estimated laminar
flame speeds due to higher burned gas temperatures. The higher flame burn rates
of higher φ′ mixtures resulted in a higher mass fraction of fuel burned at the onset
of autoignition; however, the end-gas absolute energy at the onset of autoignition
increased due to the increase in the total energy content of the mixtures. Exces-
sive peak heat release rates were observed at the highest φ′ conditions due to faster
autoignition rates and higher end-gas energy at the onset of autoignition. The φ′
investigation was extended at intake pressures between 0.8 and 1.5 bar and the in-
creasing trends in peak autoignition rate rates, end-gas energy at autoignition and
peak heat release rate with φ′ were found to be consistent for all intake pressures.
When spark advance and unburned charge temperature were adjusted to match the
mass fraction burned at the onset of autoignition, similar trends were observed but
the increase in end-gas energy and autoignion burn rate with φ′ was found to be even
more pronounced. An increase in φ′ from 0.58 to 0.71 led to an increase in the peak
autoignition rates by approximately 70%. This difference compared to the constant
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spark advance results was attributed to the changes in the mass fraction burned at
the onset of autoignition, which is consistent with previous published work [60] for
cases at constant composition. It was also shown that if the mass fraction burned
at the onset of autoignition increases sufficiently, it is possible to offset the higher
autoignition rates of higher φ′ mixtures and maintain a constant peak heat release
rate.
The fuel-to-charge equivalence ratio effects at constant load were found to be
similar trendwise to those at constant pressure. At constant autoignition phasing and
mass fraction burned at the onset of autoignition, higher φ′ cases exhibited higher
peak heat release rates due to faster autoignition rates. However, the increase in the
autoignition rate with φ′ was observed to be much lower than the results at constant
intake pressure. Since fuel mass injected was maintained constant, low φ′ mixtures
were associated with higher intake pressures and vice versa. Based on the findings
in Chapter IV, it is believed that for the constant load cases the pressure effect on
end-gas autoignition rate is likely being counteracted by the EGR dilution effect.
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CHAPTER VI
Understanding the End-Gas Autoignition Rates
under Boosted SACI Conditions
This chapter uses computational tools to further investigate the changes in end-
gas autoignition rates observed under boosted SACI conditions. Experimental studies
presented in Chapter IV showed that for mixtures with the same composition, when
combustion phasing and mass fraction burned at the onset of autoignition are held
constant, the peak end-gas burn rate increases approximately proportionally with
intake pressure. Higher pressure conditions are expected to increase the mixture
reactivity due to a reduction in the mean free path between the species, however,
the experimental results indicated that higher pressure mixtures were also cooler in
order to match combustion phasing. Constant volume ignition delay computations
with a detailed kinetic mechanism representing gasoline suggested that the effect of
the higher pressure on the mean reactivity of the unburned gas is likely being offset
by the reduction in the temperature at the onset of autoignition. Changes in the
pre-ignition reactivity stratification or the evolution of the mixture reactivity post-
ignition could be possible reasons for the end-gas autoignition rate trends observed.
The main source of this increase in autoignition rate with higher boost pressure
is therefore unclear. The role of thermal and compositional stratification and the
resulting reactivity stratification are investigated in this chapter to better understand
the physical processes leading to the experimental findings. The effect of charge
preheating method on the evolution of the reactivity stratification and the resulting
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heat release rate is also investigated.
6.1 KIVA-CFMZ Model for Open Cycle SACI Simulations
6.1.1 KIVA-CFMZ Model Description
The work presented in this chapter exercises a detailed SACI model previously
developed at the University of Michigan, the Coherent Flamelet Multi-Zone model
(KIVA-CFMZ). The KIVA-CFMZ model was initially developed by Martz [57] for
closed cycle SACI simulations of air dilute mixtures and subsequently extended by
Middleton [82] to account for open cycle breathing, the presence of EGR and di-
rect fuel injection and evaporation during NVO. A transport equation was added to
account for the non-uniform EGR dilution in the cylinder as internal residual gas is be-
ing retained from the previous cycle. The fuel injection model uses the high-pressure
swirl model of Chryssakis and Assanis [142], which has been previously validated and
showed good agreement with experimental optical engine studies using planar laser-
induced fluorescence (PLIF) measurements [143]. The CFMZ model has been built
into the 3-D CFD framework KIVA-3V [144], which uses a Reynolds Averaged Navier
Stokes solver for fluid dynamics calculations. Turbulent reaction front propagation is
modeled using the Coherent Flamelet model [145, 146], coupled with detailed chem-
istry calculations for the end-gas and product zones using the multi-zone approach
presented by Babajimopoulos et al. [147]. The standard k -epsilon model is used for
flow turbulence modeling, while the laminar flame speed and thickness are estimated
using correlations developed from simulations of steady, premixed laminar reaction
fronts of relevant SACI conditions by Middleton et al. [79]. Standard KIVA-3V wall
functions and the log-law of the wall approach are used to model heat losses to the
cylinder liner, head, piston and valves.
The benefit of the multi-zone approach is that the computationally intensive chem-
ical kinetics processes are solved for a small number of zones, while the fluid mechani-
cal processes are still computed in a highly resolved grid in KIVA-3V. Computational
time was further reduced by using multiple processors for the chemical kinetics calcu-
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lations with a parallel computing approach adopted from Middleton [82]. The tens of
thousands of computational cells are grouped into a small number of chemistry zones
of similar thermodynamic state and reaction progress. According to the original
Multi-Zone model formulation of Babajimopoulos et al. [147] at each computational
time step the pressure in the combustion chamber is assumed to be uniform and the
chemistry zones are sorted based on temperature and progress equivalence ratio (ϕ)
defined as:
ϕ =
2C#−CO2 +
1
2
H#-H2O − z′C#-CO2
O#-CO2-H2O − z′C#-CO2
(6.1)
where C#−CO2 , H
#
-H2O
and O#-CO2-H2O are the number of C, H and O atoms present in
a cell without counting the contributions from complete combustion products (CO2
and H2O), as indicated by the subscipts used. The z
′ term is given by the ratio of
z/x and refers to the ratio of oxygen to carbon atoms in the fuel. For non-oxygenated
fuels as in this case, z′ is equal to zero.
The original multi-zone model was formulated for HCCI mixtures which are typ-
ically ultra lean (0.1< φ <0.4). However, the current work investigates globally
stoichiometric mixtures diluted with EGR, which means that the local fuel-to-air
equivalence ratio can vary from lean to rich depending on the level of stratification
induced by the direct injection of the fuel. This poses several problems in the defini-
tion of the reaction progress variable (ϕ) [148]. For unreacted mixtures, ϕ is the same
as the fuel-to-oxygen equivalence ratio. The evolution of ϕ will be always less than
1 for lean mixtures and equal to 1 for stoichiometric mixtures. For rich mixtures,
ϕ can take values greater than 1 up to infinity for pure fuel mixtures, which can
lead to very large differences in ϕ for similar composition. To avoid generating an
excessively large number of chemistry zones for rich cells with high levels of reaction
progress, the progress variable, ϕ∗, which was initially defined in previous work [82]
and is shown in Equation 6.2 below. The range of ϕ∗ is 0 to 2 from pure air to
pure fuel. Additionally, changes in EGR dilution for stoichiometric mixtures are not
captured in the ϕ definition. To address those shortcomings in the zoning process,
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the current work uses the temperature, the progress variable, ϕ∗, and the fraction of
stoichiometric combustion products in the cell, XSCP defined in Section 2.2.6.
ϕ∗ =
ϕ if ϕ ≤ 12− 1
ϕ
if ϕ > 1
(6.2)
The resolution in ϕ∗ and XSCP for grouping the chemistry zones in this work was
0.03 and 0.1, respectively. The temperature width of each zone used in this work fol-
lows the variable width approach presented by Middleton [82], where 5 K temperature
widths are used from 900 K to 1200 K, where auto-ignition chemistry is very sensitive
to temperature changes and coarser temperature bins are used for temperatures fur-
ther away from those limits, as shown in Figure 6.1. Once the chemistry zones have
been generated, the average temperature, pressure and composition is used to per-
form chemical kinetics calculation over the timestep using the CHEMKIN [149] solver.
After the kinetics computations are complete, the new composition is remapped from
the zone to the individual cells through variable ch, defined in Equation 6.3, which
represents the number of C and H atoms in non-product species.
ch = 2C#−CO2 +
H#−H2O
2
(6.3)
mm =
chcell
chzone
mm,zone (6.4)
For all species except CO2, H2O, O2 and N2, the new mass of species m is calcu-
lated using Equation 6.4. For CO2, H2O, O2 and N2, the new masses are calculated
through atom balances in the cell to enforce that the overall cell mass remains invari-
ant over the chemistry calculation, as well as ensuring atom conservation.
Additional details on the full KIVA-CFMZ model formulation can be found in the
original work by Martz [57] and Middleton [82]. The model was initially validated
[57] against lean SACI engine experiments from an optically accessible engine [151].
Trendwise agreement was shown between the predicted cylinder pressure and the
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experimental engine. Additionally, the evolution of the reaction fronts predicted
by the model were similar to those observed in the experimental chemiluminescence
images of SACI combustion. Subsequently, the model was validated and showed good
agreement to SACI experimental conditions using EGR dilution from a single cylinder
NVO research engine at the University of Michigan [82]. The multi-zone approach
has been previously validated under similar conditions to this study in the work of
Babajimopoulos [152] and Kodavasal [131].
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Figure 6.1: Variable sizing of temperature bins with high resolution (5 K) being used
for temperatures between 900 K - 1200 K (solid grey) where autoignition chemistry
is sensitive to temperature changes. Reproduced from [82].
6.1.2 Model Configuration
The KIVA-CFMZ open cycle simulations were performed using a 156,000 cell de-
tailed 3-D mesh with moving valves and piston, corresponding to an engine geometry
similar to that of the experimental engine described in Section 2.1.1. The details of
the mesh geometry are described in Table 6.1 and two views of the mesh are presented
in Figure 6.2. Both the experimental engine and mesh geometries feature the same
bore length, centrally mounted spark plug, side-mounted fuel injector and pent-roof
combustion chamber. The fuel injector is located between the two intake valves for
both engines and both pistons feature an asymmetrical bowl for enhancing air-fuel
mixing. The main difference between the computational and the experimental ge-
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ometry is the longer stroke of the computational mesh (156.6 mm vs. 145.5 mm),
which results in a small increase in the displacement volume (550 cm3 vs. 500 cm3)
and compression ratio (12.4 vs. 11.25). Despite the small differences between the
geometries, the use of the existing computational mesh was considered appropriate
for the studies presented in this chapter, which attempt to gain further insight on
the trendwise experimental behaviors observed in Chapter IV under similar operating
conditions rather than validate absolute behavior.
The intake and exhaust temperatures were set based on the experimental mea-
surements described in Section 4.3 on a case by case basis. The thermal boundary
condition were set using 1-D full engine model predictions of the simulated engine [82].
The exact values used for the mesh thermal boundary are provided in Table 6.2. The
dynamic pressure measurements at the runners of cylinder 1 were used as bound-
ary conditions for the simulation. Figure 6.3 displays high speed measurements of
cylinder 1 intake and exhaust runner pressures for a typical boosted SACI operating
condition. The vertical lines indicate valve opening and closing times for the intake
valves (left) and exhaust valves (right). The valve motion in the simulation was im-
posed based on the experimental NVO valve profiles. The intake composition was
prescribed as a mixture of fresh air and external EGR based on the experimental
measurements. External EGR was assumed to be composed of complete combustion
products. The exhaust gas composition was imposed based on the measured equiv-
alence ratio, assuming complete combustion products. The initial flow turbulence
field was determined using a full motored engine cycle simulation. Simulations were
initialized at 640◦ bTDC firing using an 8 species chemical mechanism with no re-
actions during NVO. The simulation was stopped immediately after IVC timing at
115◦ bTDC firing and restarted with the 312 species chemical mechanism of Mehl et
al. [128,129] representing a surrogate for RD-387 gasoline, shown in Table 6.3. Figure
6.4 displays a schematic of the threshold and mechanism swap [150] technique, which
was used to speed up the simulation by using an 8 species chemical mechanism during
NVO and up until IVC.
162
Table 6.1: Mesh geometry
Parameter Value
Displacement 550 cm3
Bore 86.0 mm
Stroke 94.6 mm
Connecting Rod Length 156.5 mm
Compression Ratio 12.4:1
Cylinder head design Pent-roof
Fuel Injection Side mounted DI
Table 6.2: Mesh thermal boundary conditions
Temperature [K]
Cylinder Wall 450
Piston Top 480
Head / Firedeck 450
Intake Valve 480
Exhaust Valve 650
Table 6.3: Gasoline surrogate composition
Surrogate Mass fraction [-]
Iso-octane 0.54130
n-Heptane 0.1488
Toluene 0.2738
2-pentene 0.0361
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Figure 6.2: Computation mesh used in this work, containing 156,000 cells, based
on the FFVA engine [14, 42, 153]. Exhaust ports shown on the left, intake ports on
the right.
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Figure 6.3: Example high speed pressure measurements of cylinder 1 intake and
exhaust runners for a boosted SACI operating condition. The measurements are
used as boundary conditions for the KIVA simulation. The vertical lines indicate
valve opening and closing times for intake valve (left) and exhaust valves (right).
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Figure 6.4: Schematic of simulation procedure for a typical boosted SACI case
highlighting cylinder pressure and valve lift traces. Simulations are initialized at 640◦
bTDC firing using an 8 species chemical mechanism with no reactions to capture the
effects of NVO on mixture preparation. The simulation is stopped immediately after
IVC at 115◦ bTDC firing and restarted with the 312 species chemical mechanism of
Mehl et al. [128,129].
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6.2 Comparison of Simulated and Experimental SACI trends
The detailed SACI model was exercised using input conditions from the experi-
mental cases presented in Table 4.1, which correspond to intake pressures of 80 kPa,
100 kPa and 150 kPa, respectively. Due to the differences in the displacement vol-
ume and compression ratio between the experimental engine and the computational
mesh, the simulation results were not expected to match exactly to the experimental
pressure traces. The mixture composition for all the simulation results presented in
this section was stoichiometric at a φ′ = 0.49, as opposed to the experimental con-
ditions which were stoichiometric at a φ′ = 0.55. However, the composition of the
simulation results still lie between the φ′ levels where the boost pressure effects on
end-gas autoignition were observed experimentally (i.e. 0.45 < φ < 0.65).
To match the composition, autoignition timing and mass fraction burned at the
onset of autoignition for all the simulation cases, intake manifold temperature was
increased by 15 K for the lower pressure case compared to the high pressure case.
Additionally, spark timing had to be retarded by 12 CAD for the high pressure case
compared to the lower pressure case. These changes had to be done to compensate for
the higher flame burn rate predictions with higher pressure in the model compared to
the experimental cases. However, the objective of this study was to understand the
differences in end-gas autoignition rates with higher intake boost, so examining the
discrepancies in the flame burn rates between the experimental and modeling results
was beyond the scope of this study.
Figure 6.5 compares the trends in the cylinder pressure traces between the ex-
periments and simulation for the boost sweep, while maintaining combustion phasing
near 9◦ aTDC. While the end of compression pressures are slightly higher for the
simulation cases due to the increase in compression ratio aforementioned, the differ-
ence in TDC pressure between the experiments and simulation is small (≈ 3 bar) for
all cases. More importantly the increasing pressure rise rate trend for higher boost
conditions is captured well in the simulation results. Figures 6.7 and 6.8 display
the trends in heat release rate and burn rate, respectively. When the mass frac-
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tion burned at the onset of autoignition is matched, the simulation results exhibit
a trendwise agreement in the peak heat release rate and burn rate with the experi-
mental data. Specifically, for an increase in intake pressure from 80 kPa to 150 kPa,
the simulation results depict an increase in peak heat release rate by approximately
a factor of 4.4, while the peak burn rate is seen to approximately double for that
same change in intake pressure. The temperature at IVC decreases by approximately
60 K with higher intake pressures and this drop in unburned gas temperature con-
tinues up to onset of autoignition, as seen in Figure 6.6. The trendwise agreement
between the simulation and experimental cases gives confidence that the model can
be used as an additional tool to understand the changes in the autoignition behavior
observed experimentally. The pre-ignition reactivity stratification and its evolution
from early in the compression until TDC is investigated in the following sections to
better understand the sources of the changes in the autoignition behavior.
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(a) Experimental results (b) Simulation results
Figure 6.5: Comparison of cylinder pressure results between (a) experimental cases
and (b) simulation results.
(a) Experimental results (b) Simulation results
Figure 6.6: Comparison of mass averaged unburned gas temperature trends during
compression between (a) experimental and (b) KIVA-CFMZ simulation results.
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(a) Experimental results (b) Simulation results
Figure 6.7: Comparison of heat release rate results between (a) experimental cases
and (b) KIVA-CFMZ simulation results. The increasing trend in peak heat release
rate is captured well in the simulation results.
(a) Experimental results (b) Simulation results
Figure 6.8: Comparison of burn rate between (a) experimental cases and (b) KIVA-
CFMZ simulation results.
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6.3 Effect of Intake Boost on the End-Gas Reactivity Strat-
ification
The pre-ignition charge reactivity from the simulation results is analyzed in more
detail in this section to understand the mechanisms leading to the increase in end-
autoignition rates at higher intake pressures. The reactivity stratification of the
mixtures was initially evaluated by calculating the ignition delay at the onset of
autoignition using the ignition delay correlation developed by He et. al [49] for the
unburned zone of each computational cell at the onset of autoignition at 5◦ aTDC.
Figure 6.9 displays the normalized mass distributions of ignition delay for the
three mixtures at increasing intake pressure. The higher pressure cases display a nar-
rower reactivity stratification, with more mass concentrated at shorter ignition delay
times. To understand the changes in reactivity stratification observed, the normalized
mass distributions of temperature and non-product equivalence ratio for the unburned
zones are analyzed just prior to autoignition at TDC. The thermal stratification in
this work was quantified as two standard deviations (2σ) of the mass distribution in
cell unburned zone temperature. The standard deviation was computed on a mass-
weighted basis as shown in Equation 6.5 below. A similar approach was employed to
assess compositional stratification using the non-product equivalence ratio, ϕ∗, of the
unburned zone in each computational cell.
σT =
√√√√√√√
N∑
i=1
ni(Ti − T )2
N−1
N
N∑
i=1
ni
(6.5)
where i is the subscript denoting a CFD cell, n represents cell mass, N represents the
total number of CFD cells and T is the mass-weighted average temperature within
the CFD domain.
Figure 6.10 displays the normalized mass distribution of unburned gas temperature
at TDC. As expected, the higher pressure mixtures display a lower mass-averaged
unburned gas temperature by approximately 80 K, however the thermal stratification
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is narrower for higher pressure mixtures as 2σTU decreases from 127 K to 101 K.
The narrower distribution of the high pressure case has a higher peak, since the area
under all distributions should be equal to unity. The normalized mass distributions
of non-product equivalence ratio, shown in Figure 6.11, display a similar decrease in
2σϕ∗ as intake pressure increases.
To understand the pre-ignition reactivity stratification results discussed above,
the evolution of the thermal and compositional stratification during the compression
stroke was analyzed. Figure 6.12 shows the evolution of 2σTU and 2σϕ
∗ from early
in the compression stroke until TDC. Higher pressure mixtures at constant intake
temperature display consistently lower thermal stratification levels from early in the
compression stroke until TDC. Additionally, all mixtures show a decrease in the ther-
mal stratification up until 50 - 60◦ bTDC at which point 2σTU starts increasing again
monotonically until TDC. This behavior can be attributed to the competition between
mixing of fresh charge and residuals and higher heat transfer losses to the walls, as
seen in other computational studies of HCCI combustion with high residual gas frac-
tions [154]. Depending on the level of residual gas fraction and the wall temperature,
mixing of residual gases and fresh charge may dominate early in the compression
stroke creating a more homogeneous mixture, as seen in this set of simulation results.
Late in the compression stroke the turbulence intensity level decreases [105], while
the mixture temperature increases. As a result, the heat loss to the wall becomes
more important in the development of the mixture’s temperature stratification prior
to autoignition. The importance of the heat transfer to the walls and the associated
transport of cold gases from the cylinder wall toward the cylinder center has been
also highlighted in previous work using quantitative tracer-based PLIF diagnostics in
optically accessible engines [155–158].
Figure 6.13 displays the cumulative heat loss to the cylinder walls during compres-
sion until TDC on an absolute basis (top) and mass normalized basis (bottom). As
expected, the absolute heat loss increases for the higher pressure cases, however the
specific heat loss results display an opposite trend. Higher pressure mixtures reject
less heat to the walls on a mass normalized basis, which agrees with the estimated
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heat transfer loss trends using the experimental data and the Woschni heat transfer
correlation presented in Section 3.5.2. The significance of the reduced normalized heat
loss for the high pressure mixtures on the resulting thermal stratification is unclear
from the above results, but is further investigated in Section 6.5.
In Figure 6.12, higher pressure mixtures exhibit lower compositional stratification
early in the compression stroke. All cases show a monotonic decrease in 2σϕ∗ as
the piston moves towards TDC, since there is more mixing time between residual
gases and fresh charge. Since the fuel injection event is during the NVO period
and all mixtures are stoichiometric, it is reasonable that higher residual gas fraction
cases result in a wider 2σϕ∗ mass distribution at IVC timing. Under the conditions
investigated the 2σϕ∗ trend observed with pressure early in the compression stroke
can be attributed to the changes in residual gas fraction between the cases.
Overall, the boost pressure sweep results using residual gas heating presented in
this section show that higher pressure mixtures have narrower reactivity stratification
at the onset of autoignition, which explains the increase in end-gas autoignition rate
observed in both experiments and simulations. However, the relative importance of
thermal and compositional stratification on the pre-ignition reactivity stratification
is unclear. Additionally, the importance of thermal/compositional stratification early
in the compression stroke on the reactivity stratification close to TDC is also unclear.
The above questions motivated the simulations presented in Section 6.4 below, which
compare boost pressure effects on end-gas autoignition rates using residual gas heating
and intake manifold heating.
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Figure 6.9: Ignition delay distributions at onset of autoignition (5◦ aTDC) for
increasing intake pressure mixtures, with constant autoignition timing, composition
and mass fraction burned at the onset of autoignition.
Figure 6.10: Pre-ignition unburned gas temperature distribution at TDC for in-
creasing intake pressure mixtures at constant end-gas autoignition timing, composi-
tion and mass fraction burned at the onset of autoignition.
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Figure 6.11: Pre-ignition non-product equivalence ratio distribution at TDC for
increasing intake pressure mixtures at constant end-gas autoignition timing, compo-
sition and mass fraction burned at the onset of autoignition.
174
Figure 6.12: Evolution of mass averaged unburned gas temperature (top), unburned
gas thermal stratification (middle) and non-product equivalence ratio stratification
(bottom) during the compression stroke up to TDC for the intake pressure sweep
using residual gas heating at same composition and end-gas autoignition timing.
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Figure 6.13: Cumulative heat loss through the cylinder walls during compression
until combustion on an absolute basis (top) and mass normalized basis (bottom) for
the intake pressure sweep using residual gas heating at constant composition and
end-gas autoignition timing.
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6.4 Comparison of Charge Preheating Methods on Reactiv-
ity Stratification and End-Gas Autoignition Rates under
Boosted Conditions
Under the conditions investigated, charge preheating is required to ensure au-
toignition near TDC, which can be achieved by varying residual levels or modulat-
ing the intake manifold temperature. Experimental results presented in Section 4.6
showed that the increase in end-gas burn rates with higher intake pressure is similar
irrespective of charge preheating method. The experimental results covered a limited
boost range due to hardware limits associated with intake temperature heating. To
better understand the underlying mechanisms that lead to the observed trend in end-
gas autoignition rates, the CFD model was used to compare the effect of the charge
preheating methods on reactivity stratification and end-gas autoignition rates under
boosted, highly EGR-dilute, stoichiometric conditions.
Tables 6.4 and 6.5 outline the intake pressure sweep conditions investigated for
residual gas heating and intake manifold heating, respectively. For the residual gas
heating cases, intake temperature was maintained constant at 45◦ C and IVC tem-
perature was achieved by varying the residual gas content through changes in EVO
timing. Conversely, for the boost sweep using intake charge preheating, the residual
gas fraction was maintained constant at 36% and changes in IVC temperature were
achieved by modulating the intake temperature. For each case, spark timing and IVC
temperature were varied to maintain a constant autoignition timing at approximately
5◦ aTDC and mass fraction burned at the onset of autoignition constant in order to
remove the effect of those variables on the end-gas autoignition rate.
Figures 6.14, 6.15 and 6.16 display heat release rate curves, burn rate curves and
mass fraction burned curves, respectively, for intake pressure sweeps comparing the
two charge preheating methods. The heat release rate curves and burn rate curves are
trendwise similar, however, as intake pressure is increased from 80 kPa to 150 kPa,
intake charge preheating leads to a smaller increase in burn rate and heat release rate.
The smaller increase in peak burn rate with intake charge preheating is observed due
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to both a faster autoignition for the low pressure case (80 kPa) as well as a slower
autoignition for the high pressure case (150 kPa) compared to the residual heating
cases.
To better understand the underlying causes of the observed trends, the evolution
of mean unburned gas temperature (TU), 2σTU and 2σϕ
∗ is analyzed. Figure 6.17
shows the evolution of 2σTU from early in the compression stroke until TDC for all six
cases. An opposite trend in 2σTU at IVC timing can be observed when comparing the
boost sweeps using residual gas heating as opposed to intake charge heating. While
the increase in intake pressure leads to lower thermal stratification for the residual
gas heating cases, the intake charge preheating cases exhibit an increase in thermal
stratification with higher intake pressure. Unlike the residual gas heating cases, the
intake charge preheating cases have same residual gas fraction and similar exhaust
temperatures due to similar composition and combustion phasing. Consequently, the
higher intake pressure cases require lower intake manifold temperature to achieve a
lower mass averaged IVC temperature. This leads to a larger temperature difference
between the residual gas and the charge in the intake manifold and hence a higher
thermal stratification early in the compression stroke.
The variation in thermal stratification early in the compression stroke has negli-
gible effect on the pre-ignition thermal stratification close to TDC, as 2σTU values
converge for each intake pressure condition irrespective of charge preheating method.
The most extreme change can be seen for the lowest pressure case, where 2σTU values
at 115◦ bTDC are more than double for the residual gas heating case as opposed to
intake charge preheating, but both cases reach a 2σTU value of 100 K at 5
◦ bTDC.
This observation agrees with the findings of direct numerical simulation studies in an
engine like geometry by Schmitt and Boulouchos [137], which investigated the role
of intake generated thermal stratification on the temperature distribution at TDC of
the compression stroke. While their study was done at a much lower engine speed of
560 RPM without the use of residual gas heating, they concluded that thermal in-
homogeneities at bottom dead center had nearly no impact on the temperature field
close to TDC of compression. The wall temperature and the flow field were found
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to be the main parameters controlling the evolution of the temperature distribution
during compression.
Figure 6.18 displays the evolution of 2σϕ∗ for all six mixtures from early in the
compression stroke until TDC. The compositional stratification results for the intake
preheating cases early in the compression stroke follow a similar trend to that of
thermal stratification. Higher intake pressure mixtures exhibit higher 2σϕ∗ values,
however, the increase in compositional stratification is much smaller than the magni-
tude observed for the boost sweep using residual gas heating. The small changes in
the compositional stratification early in the compression stroke can be attributed to
the higher mixing rates of the high pressure cases, as residual gas fraction is main-
tained constant. Again, as the piston compresses the charge the in-cylinder fluid
motion leads to less compositional inhomogeneity towards TDC, which is depicted by
a decrease in 2σϕ∗.
Even though thermal compositional and compositional stratification is different
depending on charge preheating method, the mean unburned gas temperature evolu-
tion during compression shows minimal discrepancies at each intake pressure between
the two charge preheating methods, as shown in Figure 6.19.
(a) Residual gas heating (b) Intake manifold heating
Figure 6.14: Comparison of KIVA-CFMZ heat release rate results for intake boost
sweeps using (a) residual gas heating and (b) intake manifold heating at constant
autoignition timing and mass fraction burned at the onset of autoignition.
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(a) Residual gas heating (b) Intake manifold heating
Figure 6.15: Comparison of KIVA-CFMZ burn rate results for intake boost sweeps
using (a) residual gas heating and (b) intake manifold heating at constant autoignition
timing and mass fraction burned at the onset of autoignition.
(a) Residual gas heating (b) Intake manifold heating
Figure 6.16: Comparison of KIVA-CFMZ flame and autoignition burned mass frac-
tion results for intake boost sweeps using (a) residual gas heating and (b) intake
manifold heating at constant autoignition timing and mass fraction burned at the
onset of autoignition.
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Figure 6.17: Comparison of charge preheating method on the evolution of thermal
stratification (2σTU) for the intake pressure sweep at same composition, mass fraction
burned at the onset of autoignition and end-gas autoignition timing.
Figure 6.18: Comparison of charge preheating method on the evolution of composi-
tional stratification (2σϕ∗) for the intake pressure sweep at same composition, mass
fraction burned at the onset of autoignition and end-gas autoignition timing.
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Figure 6.19: Comparison of charge preheating method on the evolution of mass av-
eraged unburned gas temperature for the intake pressure sweep at same composition,
mass fraction burned at the onset of autoignition and end-gas autoignition timing.
Table 6.4: Simulation input conditions for the boost sweep using residual gas heating
at constant intake temperature, autoignition timing and composition.
Parameter Case1 Case 2 Case 3
Engine Speed [RPM] 2000
Intake Temperature [◦C] 45
Fuel Injection Pressure [bar] 100
Intake Valve Opening/Closing Timing1 [◦aTDC] -265/-161
Start of Injection [◦aTDC] -330
Autoignition timing [◦aTDC] 5.5
Fuel-to-air equivalence ratio, φ [-] 1.01 1.00 1.01
Fuel Mass Injected [mg/cycle/cyl] 9.4 12.3 19.9
Spark Timing [◦bTDC] 48.5 32.5 28.5
Intake Pressure [kPa] 80 100 150
Fuel-to-charge equivalence ratio, φ′ [-] 0.48 0.49 0.49
Exhaust Valve Opening Timing [◦aTDC] 174 177 193
Exhaust Valve Closing Timing [◦aTDC] 278 281 297
Internal EGR Mass fraction [-] 0.50 0.43 0.35
External EGR Mass fraction [-] 0.02 0.08 0.14
1All timings are referenced to combustion TDC. Valve timings are defined at 0.2 mm opening.
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Table 6.5: Simulation inputs conditions for the boost sweep using intake manifold
heating at similar residual gas fraction, autoignition timing and composition.
Parameter Case1 Case 2 Case 3
Engine speed [RPM] 2000
Fuel injection pressure [bar] 100
Start of injection [◦aTDC] -330
Intake valve opening/closing timing [◦aTDC] -265/-161
Exhaust valve opening/closing timing [◦aTDC] 193/297
Fuel mass injected [mg/cycle/cyl] 9.4 12.3 19.9
Spark timing [◦bTDC] 41 35 30
Intake pressure [kPa] 80 100 150
Intake temperature [◦C] 192 132 25
Fuel-to-air equivalence ratio, φ [-] 0.99 1.01 1.01
Fuel-to-charge equivalence ratio, φ′ [-] 0.48 0.48 0.48
Autoignition timing [◦aTDC] 7.0 7.7 7.5
Combustion phasing, θ50 [
◦aTDC] 9.8 10.2 9.8
Internal EGR mass fraction [-] 0.36 0.37 0.36
External EGR mass fraction [-] 0.16 0.15 0.16
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6.5 Comparison of Reactivity Stratification and End-Gas Au-
toignition Rates under Boosted Conditions for Diabatic
and Adiabatic Conditions Late in the Compression Stroke
Additional KIVA simulations were performed to evaluate the importance of heat
transfer induced thermal stratification late in the compression stroke on the changes
in end-gas autoignition rates with boost pressure. Intake manifold pressures of 80
kPa and 150 kPa were investigated, while spark timing and IVC temperature were
adjusted to match autoignition timing and mass fraction burned at the onset of
autoigniton. The simulations were initialy run until 70◦ bTDC, where both high
and low pressure mixtures displayed similar thermal stratification (2σTU ≈ 40 K),
as shown in Figure 6.20 (middle). At that timing, the simulations were run using
both diabatic and adiabatic walls. The results from 70◦ bTDC until close to TDC
are analyzed in this section. The details for the experimental inputs can be found
in Table 6.6. The baseline simulation conditions were selected so that preignition
compositional stratification at 5◦bTDC is matched for both low and high pressure
conditions. A decrease of 20 K in intake manifold temperature was used for the low
pressure adiabatic case compared to the diabatic case, in order to match autoignition
timing with the high pressure adiabatic case.
Figure 6.20 displays the evolution of mean unburned gas temperature, 2σTU and
2σϕ∗ from 70◦bTDC, where heat transfer to the walls was disabled for two cases,
until 5◦bTDC where the adiabatic cases started autoigniting. As expected, mean
unburned gas temperature are lower for the higher pressure cases. Adiabatic cases
increase linearly late in the compression stroke as opposed to the diabatic cases that
show a decreasing temperature rise rate due to the effect of heat transfer loss. The
2σTU curves show an increase in thermal stratification for the diabatic cases, with the
low pressure case having a larger 2σTU value near the end of compression, similarly
to the results earlier in Section 6.4. On the other hand, 2σTU for the adiabatic
cases decreases slightly after 70◦bTDC until the onset of end-gas autoignition close
to TDC, but are very similar between the low and high pressure cases suggesting that
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the thermal stratification observed is primarily due to the heat transfer loss to the
walls. The 2σϕ∗ curves decrease for all cases after 70◦ bTDC and are very similar at
the onset of autoignition for the diabatic cases.
Figure 6.21 compares the KIVA-CFMZ heat release rate curves, burn rates rates
and mass fraction burned curves between diabatic and adiabatic cases under the same
boost sweep. The peak heat release rates and peak burn rates for the adiabatic cases
are much higher due to the advanced phasing and lower thermal stratification, ef-
fected by the absence of heat loss to the walls. Flame burn fractions at the onset of
autoignition are matched for each set of cases (i.e. diabatic and adiabatic). How-
ever, the peak burn rates between the low and high pressure adiabatic cases are very
similar, unlike the diabatic cases where the high pressure case depicts an increase of
approximately 75%, from 0.09 1/cad to 0.16 1/cad. This finding supports the argu-
ment that the effect of higher pressure on the mean mixture reactivity is offset by the
decrease in temperature, which is needed to match autoignition timing. Additionally,
the higher pressure mixture leads to a greater pressure rise rate during combustion
due to the higher energy content of the compared to the lower pressure mixture, how-
ever, the change in the post-autoignition pressure evolution has a minimal effect on
the end-gas burn rate. The lower heat transfer induced thermal stratification is the
primary reason for the large increase observed in the end-gas autoignition rates under
the conditions investigated. The reduction in the pre-ignition thermal stratification
at higher intake pressures is primarily due to the lower mass normalized heat transfer
loss to the walls. This finding agrees with the modeling study by Shingne et al. [159],
who concluded that under lean, highly EGR dilute HCCI conditions, the shorter burn
durations at higher boost were primarily due to the lower thermal stratification.
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Figure 6.20: Boost pressure effect on mean unburned gas temperature (top), 2σTU
(middle) and 2σϕ∗ (bottom) for diabatic and adiabatic cases during the same intake
boost sweep using intake manifold heating.
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Figure 6.21: Boost pressure effect on heat release rates (top), burn rates (middle)
and mass fractions burned (bottom) for diabatic and adiabatic cases using intake
manifold heating.
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Table 6.6: Simulation input conditions for the boost sweep with diabatic and adia-
batic walls late in the compression stroke.
Parameter Case1 Case 2 Case 3 Case 4
Diabatic Adiabatic
Engine speed [RPM] 2000
Fuel injection pressure [bar] 100
Start of injection [◦aTDC] -330
Intake valve opening/closing timing [◦aTDC] -265 / -161
Exhaust valve opening/closing timing [◦aTDC] 193 / 297
Fuel mass injected [mg/cycle/cyl] 9.4 19.9 9.4 19.9
Spark timing [◦bTDC] 38 28.5 38.5 28.5
Intake pressure [kPa] 80 150 80 150
Intake temperature [◦C] 152 45 132 45
Fuel-to-air equivalence ratio, φ [-] 1.00 1.01 1.01 1.01
Fuel-to-charge equivalence ratio, φ′ [-] 0.47 0.49 0.47 0.49
Internal EGR mass fraction [-] 0.39 0.35 0.39 0.35
External EGR mass fraction [-] 0.14 0.16 0.14 0.16
188
6.6 Summary
This chapter used the Coherent Flamelet Multi-Zone model (KIVA-CFMZ) to in-
vestigate the underlying mechanisms leading to changes in end-gas autoignition rate
under boosted, highly EGR-dilute conditions. The analysis focused on the effect of
intake pressure on the pre-ignition reactivity stratification as well as the evolution of
thermal and compositional stratification from early in the compression stroke until
TDC. The thermal and compositional stratification was evaluated using two standard
deviations of the normalized mass distribution for unburned gas temperature (2σTU)
and non-product equivalence ratio (2σϕ∗) of the unburned zone, respectively. Simu-
lations were also used to understand the effect of charge preheating method (residual
gas heating vs. intake manifold heating) in reactivity stratification and end-gas burn
rates under boosted SACI conditions. Mixture composition, autoignition timing and
mass fraction burned at the onset of autoignition were held constant for all compar-
isons between low and high pressure mixtures.
The detailed SACI model was initially configured based on experimental inputs
presented in Chapter IV for intake pressures increasing from 80 kPa to 150 kPa using
residual gas heating and constant intake temperature. Good trendwise agreement in
global heat release rate, end-gas burn rate and unburned gas temperature was ob-
served between experimental and simulation results, once autoignition timing as well
as mass fraction burned at the onset of autoignition were matched. As intake pres-
sure increased, mean charge temperature decreased by a similar amount irrespective
of charge preheating method, in order to initiate autoignition at the same timing.
For the residual gas heating cases, the decrease in IVC temperature was achieved by
a reduction in residual gas fraction from 50% to 35%, while for the intake manifold
heating cases intake manifold temperature had to be reduced from 192◦C to 25◦C.
For the intake pressure sweep using residual gas heating, a reduction in both
thermal and compositional stratification was observed early in the compression stroke
which carried on until the onset of autoignition close to TDC. The resulting decrease in
pre-ignition reactivity stratification explained the increase in end-gas autoignition rate
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at higher intake pressures. The decrease in thermal and compositional stratification
early in the compression stroke was attributed to the reduction in residual gas fraction
that was required as intake pressure was increased.
An opposite trend in thermal and compositional stratification was observed early
in the compression stroke for the same intake pressure sweep using intake manifold
heating. Early in the compression stroke, higher pressure mixtures exhibited an in-
crease in both thermal and composition stratification, which was attributed to the
reduction in intake manifold temperature. While compositional stratification levels
reduced for mixtures as piston moved towards TDC, the trend in thermal stratifica-
tion reversed late in the compression stroke, with higher pressures mixtures exhibit
lower thermal stratification. Interestingly, the thermal stratification levels for both
charge preheating methods were almost identical close to TDC, even though the 2σT
values were very different early in the compression stroke. The increase in end-gas
burn rate with pressure was less pronounced using intake manifold heating at con-
stant residual gas fraction, likely due to the increase in compositional stratification.
Regardless of charge preheating method and stratification levels early in the com-
pression stroke, higher pressure mixtures exhibited faster end-gas autoignition rates,
which were primarily attributed to lower thermal stratification levels due to lower
normalized heat transfer losses to the walls.
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CHAPTER VII
Summary, Conclusions and Recommendations for
Future Work
7.1 Summary and Conclusions
The work presented in this document used experimental and computational meth-
ods to investigate SACI combustion behavior under boosted, ultra-EGR dilute stoi-
chiometric SACI conditions in an internal combustion engine employing negative valve
overlap. The research work was motivated by the findings of previously published
thermodynamic simulations [39], which suggested that the thermodynamic sweetspot
for high efficiency, dilute, boosted engines lies at conditions potentially attainable
using boosted SACI combustion. The studies presented in this document are the
first attempt to experimentally investigate the boosted SACI combustion regime in
an internal combustion engine at EGR dilution levels between 25% and 55%. The
range of intake pressure and fuel-to-charge equivalence ratio studied, varied from 80
kPa to 150 kPa and approximately 0.45 to 0.75, respectively.
 In Chapter 3, the maximum pressure rise conditions in SACI were initially
analyzed using energy balance equations for a closed thermodynamic system.
Assuming that the maximum pressure rise rate timing is constant and that there
is an orderly transition from flame propagation to autoignition, it was shown
that the maximum pressure rise rate should be approximately proportional to
the end-gas energy at the onset of autoignition (QEG, θAI ) and inversely propor-
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tional to the end-gas autoignition characteristic duration (δθAI). The limits in
efficiency, load, stability and combustion phasing were then investigated exper-
imentally under the boosted stoichiometric SACI combustion regime with high
levels of EGR dilution (0.45 < φ′ < 0.7). The high load limit at 2000 RPM and
150 kPa intake pressure was reached at a GMEP ≈ 7.3 bar and a φ′ = 0.57 due
to a convergence of the ringing and stability limits, typical of LTC engines. As
intake pressure was increased, the ringing/stability limit shifted towards lower
φ′ mixtures (i.e. higher EGR dilution), creating a gap between the conventional
spark-ignition dilution limit (≈ 25 - 30% EGR) and the boosted SACI operat-
ing limits. Combustion phasing retard was demonstrated to be very effective
at reducing maximum pressure rise rate levels primarily due to slower end-gas
autoignition rates but also due to higher volume expansion rates. However,
the late combustion phasing limit was constrained to approximately 14◦ aTDC,
where the likelihood of partial burning cycles caused by the absence of end-
gas autognition increased. This behavior was attributed to the lower charge
temperature and the greater expansion cooling rates at retarded combustion
phasings.
Gross fuel conversion efficiency improvements of approximately 3% absolute
(8% relative) were demonstrated experimentally by using boosting to dilute
the mixture from φ′ = 0.75 to φ′ = 0.45 at constant load. The increase in
gross thermal efficiency was primarily attributed to the favorable thermody-
namic properties of diluted mixtures during the expansion stroke. Estimated
heat transfer losses were found to be approximately constant as EGR dilution
was increased at constant load, due to the competing effects of lower expansion
temperatures and higher pressure on heat transfer loss. An increase in load
from 300 kPa to 700 kPa GMEP at constant composition (φ′ = 0.55) led to an
efficiency improvement of approximately 4% absolute (10% relative), which was
explained by an equivalent drop in the estimated heat transfer losses. While the
operation and design of the valvetrain was not optimized in this work, a large
variation in pumping work was observed due to the use of the exhaust cam tim-
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ing for residual gas fraction control. Operating conditions that required lower
residual gas fraction were achieved using late EVC/EVO timing, which led to
recompression of the exhaust gases early in the exhaust stroke, thereby resulting
in elevated pumping work. Asymmetric NVO operation also contributed to the
higher pumping penalty observed.
An increase in engine speed at constant composition, intake pressure and spark
advance necessitated higher unburned gas temperatures to match end-gas au-
toignition timing. Under the conditions investigated, the overall effect of engine
speed on the SACI burn profile was negligible on a crank angle basis. On a time
basis, maximum pressure rise rates scaled with engine speed, so lower engine
speeds were found to be favorable for high load expansion in order to satisfy
the ringing limit. Higher cyclic variability, defined by the standard deviation
in θ50, was observed at optimal combustion phasing when spark timing was
advanced and unburned gas temperatures were lowered. Cyclic heat release
analysis results revealed that the variability in θ50 was driven by a variability
in autoignition timing (θAI), which in turn correlated extremely well with θ02.
These findings strongly suggested that the cyclic variability in combustion phas-
ing is determined early in the early flame development rather than later due to
variation in the end-gas state near autoignition timing.
 In Chapter 4, the effect of boost pressure on the SACI combustion process
was investigated experimentally at constant engine speed, composition, spark
advance and combustion phasing. An increase in intake pressure required a de-
crease in bulk gas temperature to match combustion phasing due to the effect
of pressure on the mixture reactivity. Absolute heat release rates increased at
higher intake pressures during both flame propagation and end-gas autoignition.
As intake pressure was increased, initial flame burn rates were similar, leading
to a similar mass fraction burned at the onset of end-gas autoignition. How-
ever, end-gas autoignition rates increased approximately proportionally with
pressure. An increase in intake pressure by approximately a factor of 2 led to
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an increase in peak heat release rate, maximum pressure rise rate and ringing
intensity by approximately a factor of 4. Approximately half of this increase
was attributed to the higher end-gas energy content and the other half was at-
tributed to the increase in end-gas burn rate. The aforementioned relationship
between intake pressure and end-gas autoignition rate was demonstrated ex-
perimentally for a range of mixture compositions (0.45 < φ′ < 0.63) and spark
timings (30 - 40◦ bTDC), as long as those were kept constant during the intake
pressure sweep. The intake pressure sweep comparison between residual gas
heating and intake charge heating showed a similar increase in end-gas burn
rate with pressure, suggesting that the changes in residual gas fraction and the
associated effects in temperature and/or compositional stratification were not
responsible for the changes in end-gas autoignition rates observed. Constant
volume ignition delay predictions using a detailed 312 species chemical mech-
anism representing a surrogate for RD-387 gasoline showed that the average
ignition delay at the onset of the estimated end-gas autoignition timing is sim-
ilar (≈ 0.8 ms) for all experimental cases during the intake pressure sweep, due
to the competing effects of higher pressure and lower temperature on ignition
delay. Under the conditions investigated, no visible low temperature heat re-
lease was observed and the experimental P - TU trajectories did not cross the
NTC region on constant volume ignition delay prediction.
 In Chapter 5, the impact of fuel-to-charge equivalence ratio on the tradeoff
between flame and end-gas autoignition heat release rate was studied experi-
mentally at both constant intake pressures and constant load. Under all condi-
tions investigated, end-gas autoignition timing was targeted at approximately
7◦aTDC. Experiments at constant intake pressure and spark advance showed
that as φ′ is increased, lower unburned gas temperatures are needed to match
autoignition timing. Higher φ′ cases exhibited faster initial flame burn rates,
which was attributed to the increasing trend in estimated laminar flame speed
due to a larger temperature difference between burned and unburned gas tem-
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perature estimates. At constant intake pressure and constant mass fraction
burned at the onset of autoignition, end-gas autoignition rates increased signifi-
cantly at higher φ′ conditions. Increasing the mass fraction burned at the onset
of autoignition by advancing the spark timing and lowering TU was shown to
be effective, to some extent, at reducing the peak heat release rates. The φ′
investigation was extended at intake pressures between 0.8 and 1.5 bar and the
increasing trends in peak autoignition rate rates, end-gas energy at autoigni-
tion and peak heat release rate with φ′ were found to be consistent for all intake
pressures. For a constant spark timing and end-gas autoignition timing, the
mass fraction burned at the onset of autoignition correlated linearly with φ′, re-
gardless of intake pressure. Changes in SACI burn rates at constant load were
trendwise similar to the results at constant pressure, albeit less pronounced.
This was thought to be caused by the effect of pressure on the end-gas reactiv-
ity stratification at the onset of autoignition, which was further investigated in
Chapter 6.
 In Chapter 6, a previously developed CFD model capable of capturing HCCI, SI,
and SACI combustion modes, KIVA-CFMZ (KIVA Coherent Flamelet Multi-
Zone), was exercised to understand the effect of intake pressure on the end-gas
autoignition rate using a mesh that closely matched the experimental hard-
ware. The analysis focused on the effect of intake pressure on the pre-ignition
reactivity stratification as well as the evolution of thermal and compositional
stratification from early in the compression stroke until TDC. Mixture compo-
sition, end-gas autoignition timing and mass fraction burned at the onset of
autoignition were held constant for all simulations. Good trendwise agreement
in cylinder pressure, unburned gas temperature, global heat release rate and
end-gas autoignition rate was observed between experimental and simulation
results for an intake pressure sweep from 80 kPa to 150 kPa.
Opposite trends in compositional/thermal stratification were observed between
charge preheating methods early in the compression stroke. Under the con-
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ditions investigated, increasing the residual gas fraction or lowering the intake
temperature led to higher thermal/compositional stratification early in the com-
pression stroke. While compositional stratification trends early in the compres-
sion stroke continued towards TDC of combustion, TDC thermal stratification
levels were not affected by the states early in the compression stroke. It was
shown that the reduced specific heat transfer losses at higher intake pressure
were mostly responsible for the lower pre-ignition thermal stratification, which
in turn was the primary reason for the increase in end-gas burn rate observed.
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7.2 Recommendations for Future Work
The work presented in this thesis used metal engine experiments and computa-
tional tools to investigate SACI combustion under boosted, ultra-EGR dilute con-
ditions in an negative valve overlap engine. Valuable findings were presented under
previously unexplored P - TU - φ
′ conditions, however, several questions and directions
for future work arise from this thesis.
Future efforts to alleviate the high pressure rise rates observed at high loads in
SACI should focus on ways to reduce the end-gas energy at the onset of autoignition,
limit the end-gas autoignition rate and extend the late combustion phasing limit.
With that in mind, stratified mixtures, ignition at multiple sites, advanced ignition
systems and reformed fuels would be areas worth investigating under boosted SACI
conditions as a way to enhance the ignition and initial flame development processes.
Additionally, the introduction of a high reactivity gradient in the end-gas through
fuel stratification or water injection is another area worth exploring. Future studies
should focus on understanding the impact of NTC behavior on SACI burn rates under
highly EGR dilute conditions and its potential use as a high load enabler. Previously
published experimental work [97] under boosted HCCI conditions has shown that
intermediate temperature heat release due to NTC behavior of gasoline can extend
the late combustion phasing limit of HCCI combustion, by increasing the bulk gas
temperature despite the higher expansion cooling rates at late combustion phasings.
Appropriate selection of compression ratio and intake boost level can be used to target
gasoline NTC behavior at the ringing limits presented in this work. Additionally,
changes in compression ratio would vary the residence time at TDC as well as the
volume expansion rates and thus cooling rates, which could be also used as a way to
manipulate end-gas autoignition rates.
The high load limit investigation in this work was partly constrained by the max-
imum intake pressure achievable (i.e. 150 kPa) with the hardware configuration. Ex-
trapolating from the ringing limits presented in this work, it is expected that higher
loads could be achieved with higher boost levels albeit at lower φ′ mixtures. Lower
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burned gas temperatures associated with lower φ′ mixtures are expected to lead to
poor flame initiation/propagation but these limits are currently unknown. Future
work should try to extend the high load limits using higher levels of boost as well
as investigate the flammability limits under those pressure, temperature and dilution
conditions for representative fuels.
From a practical engine system standpoint, the use of boosting for dilution can
offer brake thermal efficiency improvements as long as pumping and/or frictional
losses associated with the generation of boost do not overcome the efficiency gains
from dilution. Additionally, the use of exhaust cam phasing for residual gas fraction
control over a range of load conditions can lead to significant efficiency penalties, as
shown in this work. Given the above, future work should investigate optimal boosting
and valvetrain strategies based on the requirements in unburned gas temperature and
residual gas fraction under boosted SACI conditions presented in this work.
In this work autoignition timing variability for relatively high φ′ mixtures was
shown to be determined early during the initial flame based heat release and strongly
correlated with the mean mass fraction burned at the onset of autoignition. High
variability in autoignition timing was frequently responsible for partial burning cycles
due to the narrow combustion phasing range at high loads. It is thus important
that future work focuses on fundamentally understanding the dominant causes of
variability in the initial flame development under similar P - TU - φ
′ conditions.
Lastly, it is unclear whether the application of the low pass ringing intensity
metric is sufficient at preventing damage to the engine structure at high load, high φ′
conditions. Future work should focus on understanding the differences, if any, in the
end-gas autoignition mechanism between low dilution SI mixtures and high dilution
SACI mixtures and the respective impact on engine durability.
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